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Abstract

The research presented in this thesis addresses critical gaps in the understanding
related to electronic cooling with conjugate heat transfer effects, and its integration into
practical Central Processing Unit (CPU) architectures, culminating in the development of an
automated optimisation framework for liquid jet array impingement heat exchanger design.
The work investigates the intricate relationship between heat transfer performance,
hydraulic efficiency, and practical constraints, offering novel insights into the design of
advanced, energy-efficient cooling solutions tailored to the demands of modern and future
electronics.

The first stage of analysis focused on the efficiency of heat spreading in Integrated Heat
Spreaders (IHS). While heat spreading efficiency has parallels with fin efficiency in
traditional systems, its specific implications for concentrated heat sources with convectively
cooled IHSs had not been thoroughly explored. A Genetic Algorithm-based framework was
employed to optimise the distribution of convective heat transfer coefficients across the IHS
surface. The results demonstrated that non-uniform heat transfer distributions significantly
enhanced thermal performance, reducing peak temperatures and minimising gradients
across the concentrated heat source. This approach highlighted the potential of using
targeted liquid cooling strategies to optimise the conjugate heat transfer, providing a new
perspective on managing concentrated heat sources.

Next, the practical application of these theoretical insights to more real-world liquid
cooling systems was investigated. An automated multi-objective optimisation workflow was
developed to generate high-performance impinging jet array designs optimised for thermal
and hydraulic objective functions. Considering CPU-type heat sources with IHSs, the
research confirmed that distributed liquid cooling strategies, tailored to specific operational
conditions, achieved superior performance, balancing cooling intensity with energy

efficiency. This work underscored the practical feasibility of implementing distributed cooling




strategies in commercial applications and further validated the effectiveness of the
proposed methodology in achieving optimised cooling solutions.

Finally, the influence of real-life CPU architecture on thermal management strategies
was explored. The optimisation framework was adapted to a commercial CPU package, the
Intel i5-12600K, to investigate the unique thermal challenges posed by modern high-
powered processors. By incorporating discrete and high heat flux cores on the underside of
the semiconductor die into the simulation-based optimisation workflow, the research
demonstrated that approximately 30% of the total source-to-sink thermal budget could be
attributed to the heat transfer in the silicon die. This underscored the importance of
considering design architectural influences when designing liquid cooling systems.
Experimental verification under realistic operating conditions showed strong agreement
between simulation and measured performance, reinforcing the viability and practicality of
the developed simulation design approach.

Overall, this research provides a comprehensive framework for optimising liquid jet
array impingement heat exchangers, bridging theoretical advancements with practical
applications in electronics cooling. By addressing the complexities of heat spreading
efficiency, distributed convective cooling, and CPU architectural influences, this research
culminates in a robust and experimentally verified simulation design tool for tackling the
evolving thermal challenges associated with high-powered CPUs. By validating key
hypotheses and providing practical solutions, the findings contribute to the broader field of
electronics cooling, offering pathways to more efficient, reliable, and sustainable cooling

solutions.
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1.1. Background and Context

Chapter 1

Introduction

1.1. Background and Context

1.1.1. Data Centres and the Electronics Cooling Problem

The information and communications technology (ICT) sector, which includes data
centres, is responsible for approximately 2% of global Carbon Dioxide (CO,) emissions
annually, with data centres exhibiting the most rapid growth in carbon footprint within this
sector [1-3]. This surge can be attributed to the escalating demand for online cloud
computing and internet usage, leading to an exponential increase in energy requirements
over recent decades. Currently, the ICT sector is estimated to account for approximately
7% of total global electricity consumption, a figure projected to rise to nearly 13% by 2030
[4]. In Ireland, data centres are poised to become the largest energy consumers. Between
2015 and 2022, the total electricity consumption by data centres in Ireland saw a fourfold
increase, with a 31% increase occurring between 2021 and 2022 alone [5].

The considerable thermal waste generated by high-power computing and storage
applications leads to cooling systems accounting for up to 40% of a data centre's average
energy consumption. This figure can vary significantly, ranging from ~25% for highly efficient
systems to as much as ~60% for the least efficient, depending on the application and level
of sophistication [6]. The high temperatures experienced by the numerous servers in data
centres necessitate a substantial portion of this power consumption to be allocated
specifically for cooling individual electrical components, ensuring long-term operation and
reliability. Consequently, a thermal management issue arises, whereby a significant
percentage of power is consumed solely to maintain suitable operating temperatures for
active servers. However, this issue presents an opportunity to repurpose the substantial

thermal waste generated for use in other applications. Notably, data centres operate as

1



Introduction

heat-producing engines, generating large quantities of low-grade thermal energy as waste
heat. The capture and redistribution of this waste, through the likes of heat recovery, could
lead to reduced monetary and environmental costs across this sector, thereby decreasing
the ever-expanding carbon footprint.

Addressing the high energy consumption of data centres and similar high-power
applications necessitates tackling the thermal management challenges inherent to
integrated circuit (IC) components, with thermal management having emerged as one of
the most significant challenges in advanced microelectronics in recent decades [7]. As
microelectronic components continue to evolve, particularly in terms of device
miniaturisation and design complexity, it has become increasingly apparent that these
advancements are often accompanied by non-uniform power distributions within high-
power processors [8]. Consequently, the power densities of these components are seeing
significant increase [4], elevating the risk of hot spot formation across the surface of IC
components. The presence of hot spots can result in elevated chip temperatures and
exacerbate the presence of substantial temperature gradients across the component's heat
transfer surface. Such thermal non-uniformities significantly compromise both performance
and reliability, further diminishing the efficiency of cooling systems. It has been estimated
that the power density of a hot spot can be three to eight times greater than the average
power density of the chip [9-11].

This growing power density of electronics aligns with Moore’s Law, which posits that
the number of transistors in IC circuits approximately doubles every 18 to 24 months [12].
Since its introduction in 1965, Moore’s Law has largely held true [13], with transistor density
consistently increasing with each new generation of hardware. As it stands today, there is a
pressing need for enhanced cooling techniques capable of achieving higher rates of heat
dissipation with improved system efficiency that extends product lifespan [6, 8]. Failure to
manage heat generation effectively may necessitate unwanted performance throttling to

reduce power and safeguard critical IC components [14]. Moreover, the design of the
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cooling system is constrained by practical considerations, including spatial limitations and
a factor of safety relative to the heat dissipation capability [15].

Historically, air cooling has been the preferred solution for electronic cooling systems,
largely due to the general ease and cost of implementation. However, for high-power
applications, such as modern CPU and GPU processors, air cooling has reached its limit in
terms of thermal management, constrained by air’s poor thermophysical properties [16]. To
put this into perspective, Saini and Webb [17] theoretically showed that for fan-fin type
cooling of typical Central Processing Units (CPUs), the heat flux limit is as low as 40 W/cm?,
and this was recently confirmed experimentally by Naduvilakath-Mohammed et al. [18]. To
manage this, for example, data centres have had to employ non-ideal strategies such as
redistributing computational loads across multiple servers to manage elevated processor
temperatures more effectively and prevent thermal throttling, though this ultimately has
limited benefit in terms of improving overall data centre performance [19]. Additional
drawbacks of air cooling include excessive fan power, noise and size [20] alongside
potential airflow restrictions in larger-scale applications [21]. It is evident that a shift in
cooling technology is required to facilitate better thermal management, particularly in data
centres where the power utilisation efficiency sees only marginal gains with conventional
cooling strategies [22].

In recent years, direct liquid cooling (DLC) has emerged as a more advantageous
solution for effectively managing high heat flux applications, offering significantly higher
overall heat transfer coefficients and thus overall cooling intensity [23, 24]. The reduced
mechanical work required for liquid circulation contributes to a notably lower energy
consumption compared to air-cooled systems [25, 26]. Water is among the most widely
utilised working fluids in liquid cooling systems, owing to its superior thermal and physical
properties [27]. When compared to alternative coolants such as air or engineered solutions
(e.g., glycol-water mixtures), water demonstrates significantly enhanced heat transfer
performance. However, its application is not without limitations. Key challenges include its

electrical conductivity and vulnerability to freezing, which can restrict its suitability for certain
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environments or use cases. To address these challenges, alternative coolants or water-
based solutions augmented with specific additives are often employed to mitigate these
drawbacks [28]. The selection of an appropriate working fluid must be tailored to align with
the thermal management objectives, environmental conditions, and reliability requirements
of the system.

Table 1.1 provides a comparative analysis of water and other potential working fluids
discussed in the literature, outlining their respective advantages and limitations. This
highlights the multifaceted considerations required when choosing a coolant, emphasising
the balance between competing priorities necessary for optimal performance in

microelectronic cooling applications.

Table 1.1: Properties of suitable working fluids for liquid cooling applications [29-32]

50% Ethylene 3M Fluorinert FC-

Property Water Air Glycol-Water Mixture 72
Thermal Conductivity B - - ~01 .-
(W/mK) 0.6 0.025 0.35 0.1-0.15
Density (kg/mq) ~997 (20°C) ~1.2(20°C) ~1060 ~1700
Kinematic Viscosity - - - ~15-
[x10°] (m2/s) 0.89 15.6 2-3 15-25
Specific Heat ~4.18 ~1.005 ~3.8 ~11-15

Capacity (kJ/kg-K)

Electrical Moderate Very low Extremely low (non-
- (depends on : Moderate .
Conductivity . (insulator) conductive)
purity)
Environmental - i Moderate (toxic Low to Moderate
Minimal Minimal s )
Impact glycol) (chemically inert)
. . 0°C (adjustable 270 Variable (typically
Freezing Point "2 dditives) N/A 3rc below -40°C)

To date, the most widely studied and commercially deployed liquid heat sink design is
that of microchannels. The concept of the microchannel heat exchanger for high heat flux
electronics was first explored by Tuckerman and Pease [33], with a large body of

subsequent research building upon their foundational work. However, the predominant
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focus of much of the microchannel heat exchanger literature has been on the reduction of
the maximum chip temperature. Another critical, yet less frequently addressed issue is the
reduction of temperature gradients across the semiconductor die. Significant temperature
gradients within the IC component can lead to increased thermal stresses at the interfaces
with the heat sink due to large differences in coefficients of thermal expansion. Additionally,
larger temperature gradients can induce differential ageing across the system, potentially
resulting in circuit imbalances and further reliability concerns [34]. Regardless, this
illustrates that when developing cooling solutions for semiconductor electronic packages,
there are often more aspects to consider than simply the overall cooling intensity.
Extensive reviews have been carried out in the literature, exploring the thermal
hydraulics of laminar flow type microchannel heat sinks [35-37], along with investigations
focused on optimising channel geometry to enhance heat transfer through various
modifications, such as alterations to the convective surface geometry [38-42], adjustments
to channel cross sections [43, 44], channel bifurcation [45-47], the incorporation of fins and
similar geometric surface features [48-52] and channel stacking [53-55]. Despite the
extensive research on channel designs, several challenges persist that underscore the
diminishing effectiveness of microchannel type heat sinks as power density levels in IC
components continue to escalate beyond manageable limits. Notable drawbacks of
microchannel heat sinks include high pressure drops relative to thermal performance [56],
the necessity for high-cost micro-manufacturing techniques, and the technique being a
global surface cooling strategy, in that they provide a relatively uniform cooling intensity
across the entire heat transfer surface. As alluded to earlier, this latter point is important in

the context of cooling hot spots, which are better addressed by targeted cooling solutions.




Introduction

1.1.2. Liquid Impinging Jet Cooling
1.1.2.1. Overview

Jet impingement cooling is an emerging technology that demonstrates a marked
superiority in electronic cooling capabilities when compared to conventional microchannel
heat sinks. This is underpinned by the fact that jet arrays can achieve significantly higher
convective heat transfer coefficients than microchannels [57]. This technology has been
effectively employed in various commercial applications, including turbine blade cooling and
metal quenching [58, 59]. Notably, jet impingement cooling is well known to possess one of
the highest known heat transfer coefficient capabilities for single-phase flow [60].
Additionally, it offers the advantage of maintaining a relatively low pressure drop and
associated pumping power compared to microchannel-type cooling systems, while
delivering equivalent heat transfer performance [57, 61].

Further to the high convective cooling intensity, jet impingement cooling facilitates the
direct application of coolant to regions of higher heat flux, thereby enabling a more localised
and targeted cooling approach. This capability can be achieved by simple location of the jet
arrays without the necessity for intricate surface geometries and manufacturing, thus
reducing design and manufacturing complexity and costs [7]. A critical aspect of jet
impingement heat transfer is the high sensitivity of the thermal-hydraulic performance to a
manageable set of geometric design parameters, such as jet diameter, jet-to-jet spacing
and jet-to-target spacing, each of which being focussed on the orifice plate. This affords
impinging jet arrays a high degree of design freedom, allowing for customisation of the size,
shape and profile of the jets by simply altering the geometric design of the orifice plate of
the heat sink. By focussing the design to the orifice plate, designers can significantly simplify
the overall design process for different electronics packages, whilst maintaining low

manufacturing costs.
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1.1.2.2. Jet Mechanics

It has been well documented across the literature that impinging jets hydrodynamically
evolve across distinct regions, which change as the flow is redirected radially outwards from
the point of impact on the target surface [62]. Since this work is focussed on cooling of
highly integrated electronic packages, the discussion will be limited to confined jets, being
a specific category where there is interaction with a confining surface, usually the orifice
plate that houses the jet nozzles.

Figure 1.1(a) illustrates the main profile features of a confined submerged impinging
jet, highlighting key aspects such as the potential core and shear layer. As depicted, the
impinging jet is generated by forcing fluid through a nozzle, resulting in a high-speed jet that
issues into the confined gap region to strike the target surface. The impinging jet profile can
be separated into three distinct regions, as detailed by Martin [63] and illustrated in Figure

1.1(b). These are;

1. Free-Jet Region: Immediately following exit from the jet nozzle, this region contains the
jet's potential core, where the flow velocity equals that at the nozzle exit. Surrounding
this core is a mixing layer due to flow entrainment of the stagnant fluid within the
channel, leading to velocity gradients and a shear flow zone at the periphery of the jet
profile. The entrainment within the shear flow region experiences a reduction in velocity
from that of the potential core, though acts to increase to overall width and mass flow
rate of the jet. Given a high enough jet-to-target spacing, the potential core diminishes
in width with distance from the nozzle, as illustrated in Figure 1.1, as the mixing layer
penetrates deeper into the jet. For submerged jets the potential core typically extends
approximately five times the nozzle diameter [64]. Prior to striking the surface, the
developing free jet can be subdivided into an initial developing zone and a fully
developed zone, during which it transitions from a constant velocity profile at nozzle exit
to a Gaussian velocity profile due to the increased penetration of the shear layer [65].
The development profile of the free-jet depends on the relative magnitudes of the

dimensionless jet-to-target distance, H/D. When this ratio is less than approximately
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(a)

two, jet development is influenced by the elevated static pressure in the stagnation
region, which changes the overall profile of the jet compared with that illustrated in

Figure 1.1 [63].

(b)
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Figure 1.1: (a) Flow regions of a confined submerged impinging jet, adapted from Womac

et al. [66], and (b) Flow field and velocity profiles of a single, submerged impinging jet [63].

Stagnation Region: As the flow approaches the target surface, it experiences a loss of
axial velocity and a transition from vertical to radial motion, and this is defined as the
stagnation region. In this zone, flow deceleration occurs, and the loss of kinetic energy
causes an increase in static pressure above the impinging surface, thus affecting the
upstream flow. This directional change results in substantial normal and shear stresses,
increased vorticity, stretching the vortices, and increasing turbulence intensity.
Observations suggest that the stagnation region can extend up to 1.2 jet diameters for
circular impinging jets [63]. Unsurprisingly, convective heat transfer intensity is very high
in this region due to the thin thermal and hydraulic boundary layers.

Wall Jet Region: The high pressure in the stagnation region creates a horizontal
pressure gradient within the channel. This pressure gradient establishes the wall jet

region (Figure 1.1) which flows along the surface radially outward from the stagnation
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zone. Typically, this region maintains a low boundary layer thickness (order of 1% of the
jet diameter) within three jet diameters off the jet axis, after which it gradually increases
in thickness due to entrainment [67]. Similar to the normal free jet, the wall jet develops
and draws in additional fluid from the surroundings, and thus increases in thickness and
reduces in velocity. While heat transfer remains high in the early wall jet region, it tends
to diminish rapidly with increased radial distance from the stagnation zone due
increasing thermal and hydraulic boundary layer thicknesses [68]. This is of course an

important feature when arranging jets in arrays, where inter-jet interactions occur.

The heat transfer to impinging jets is sensitive to both the steady nozzle velocity profile
and temporal velocity fluctuations. The primary source of jet turbulence is the shear flow at
the jet's periphery, which initiates at the sharp nozzle edge and subsequently expands as
the jet develops. At higher Reynolds numbers, this shear layer instigates instabilities akin
to the Kelvin—Helmholtz instability, resulting in flow oscillations dependent on axial position
and velocity profile, with large-scale eddies developing downstream [69]. For large enough
jet-to-target spacings, the largest eddies may approach the scale of the jet diameter,
remaining active in the flow until interaction with other downstream features occurs [70].
The rapid deceleration of the jet within the high pressure stagnation region generates
normal strains and stresses, causing existing eddies and vortices to stretch and distort,
further enhancing turbulence intensity [71]. Numerical models developed by Abe and Suga
[72] highlighted that heat and mass transport in free jets is predominantly governed by large-
scale eddies, whereas shear strain is the primary transport mechanism in the developed
wall jet. Flow field turbulence in transitional and turbulent jets exhibit large velocity
fluctuations acting normal to the wall, distinguishing it from shear flows acting parallel to the
wall [73].

The large turbulent structures present in the free jet significantly influence the
convective heat transfer coefficients in both stagnation and wall jet regions. Principally, the
generated vortices can penetrate the boundary layers, facilitating the exchange of fluids

with differing kinetic energy levels and temperatures. As these vortices disrupt the boundary
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layers along the wall, they enhance local intensity of convective heat transfer. The presence
of turbulence in the wall jet regions is attributed to increased shear forces within the thin,
developing region of accelerating flow immediately beyond the stagnation region of the jet
[74]. Secondary vortices may also form along the wall jet due to the turbulent characteristics
of the wall flow field, where flow reversals can occur, particularly in response to pressure
gradient fluctuations. These secondary vortices cause localised increases in heat and mass

transfer rates, despite the overall loss of kinetic energy [75].

Liquid
Surface
z |/
T
Potential Core
Shear Layer

Potential
Core Length |

Nozzle Plate

Figure 1.2: Flow regions of confined submerged impinging jet arrays [64].

Since impinging jets create high convective heat transfer intensity in localised regions
around their stagnation zones, they must be used in arrays when larger areas are to be
cooled. Figure 1.2 shows a simplified schematic of a jet array, where the jet-to-jet spacing
is sufficiently large that neighbouring jets do not interact prior to impact with the surface.
Compared with isolated single jets, the key differences when considering arrays is the
interaction of the neighbouring wall jets, non-stagnant flow in the inter-jet regions, and
potential cross flow effects. Like isolated jets, the heat and mass transfer behaviours are
sensitive to the jet Reynolds number and jet-to-target spacing. However, now the influence

of both the jet-to-jet spacing and the overall number of jets become important.
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1.1.2.3. Key Geometric Design Parameters

The local and average heat transfer coefficient as well as the pressure drop associated
with jet array impingement heat transfer is intricately linked to several design parameters,
since they define the resulting fluid flow characteristics. Key design factors, including the
shape, size, and distribution of jet nozzles across the orifice plate, significantly influence the
heat transfer and hydraulic behaviour [76, 77].

It is evident that the physical attributes of an impinging jet are determined by several
geometric design parameters, with the high sensitivity to jet shape, jet population (N), jet-
to-jet spacing (S), jet-to-target spacing (H), and jet array configuration (e.g. in-line versus
staggered) all being influenced by the jet Reynolds number, which characterises the flow
regime and is a primary factor affecting heat transfer performance in jet impingement
systems, being defined as [78],

_pVD
U

Re

(1.1)

where p is the fluid density, V is the characteristic velocity (e.g., jet exit velocity) in m/s, D is
the jet nozzle diameter, and p is the dynamic viscosity.

To comprehensively assess the geometric and operational parameters influencing jet
impingement cooling systems, several additional dimensionless and derived metrics are
integral to understanding their performance characteristics. The Nusselt number is a
fundamental parameter representing the ratio of convective to conductive heat transfer at
the solid-fluid interface. For jet impingement, established correlations between the Nusselt
and Reynolds numbers enable the prediction of heat transfer rates. The Nusselt number
can be further characterised based on stagnation heat transfer or as an average
performance metric across the entire impingement surface, providing a nuanced
understanding of localised and global cooling efficiency. These correlations are given as

[64, 79],

1
Nigqy = 0.0304Re®8Pr3 (1.2)
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where h is convective heat transfer coefficient, k is the thermal conductivity of the fluid, and
Pris the Prandtl number. The Prandtl Number is defined as the ratio of momentum diffusion

to thermal diffusion and is calculated as,

c
Pr= %“ (1.4)

where C; is the specific heat of the fluid. The total heat transfer rate, Q, represents the
thermal energy exchanged between the system and its environment, serving as a direct
indicator of cooling performance. It is defined as,

Q = hAAT (1.5)
where AT is the temperature difference between the solid surface and fluid. The friction
factor, f, is a dimensionless parameter that characterises the resistance to fluid flow arising
from frictional forces within the system. It provides a quantitative measure of pressure
losses attributable to both viscous shear forces and flow separation. In the context of jet
impingement cooling systems, the friction factor encompasses the cumulative effects of fluid
acceleration through the nozzle, interaction with the impingement surface, and subsequent

downstream flow dynamics. It is given as; [80],

AP

= — (1.6)
(0.5pV?) (%)

f

where AP is the pressure drop across the system and b is the thickness of the orifice plate.

Pumping power (P,) quantifies the energy required to drive the fluid through the system
and is calculated as the product of pressure drop (AP) and volumetric flow rate (V). This
metric is crucial for evaluating the energy efficiency of the cooling system. Derived metrics
offer additional insights into system performance. The Coefficient of Performance (COP),
defined as the ratio of heat transfer rate (Q) to pumping power (P,), provides a measure of

the system’s thermal efficiency. Another valuable tool is the Chilton-Colburn J-factor
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analogy, which links heat transfer, friction, and mass transfer processes through

dimensionless parameters [81, 82]. The Colburn J-factor for heat transfer is given as,

Nu

Jur = 1 1.7)
Re Pr3

This analogy also indicates that the Colburn J-factor for friction = 0.5f, underscoring the
interdependence of these transport phenomena, particularly in turbulent flows dominated
by eddy diffusion. Integrating these metrics and correlations establishes a robust analytical
framework for the evaluation and comparison of jet impingement cooling systems, enabling
a detailed investigation of their thermal-hydraulic performance within the scope of this
thesis.

Building upon the established metrics and correlations associated with direct liquid
cooling techniques, a comparative evaluation of impinging jet arrays and microchannels
highlights the superior suitability of jet impingement for high-performance thermal
management applications. Table 1.2 provides a detailed analysis based on the geometric
ranges reported by Robinson [83], who conducted a direct comparison of microchannel and
impinging jet heat sinks representative of typical configurations. The data reveals that
impinging jet arrays consistently achieve higher Nusselt numbers, underscoring their

enhanced convective heat transfer capabilities relative to microchannels.

Table 1.2: Comparative analysis between microchannels and impinging jets using

geometric inputs provided by [47].

Parameter Microchannel Heat Sink  Impinging Jet Array Heat Sink
Reynolds Number (Re) 200 - 800 500 - 2000
Nusselt Number (Nu) 3-6 20-50
Pressure Drop (AP) 20 - 80 kPa 5-20kPa
Colburn j-Factor (j) 0.005 - 0.008 0.01-0.02

13



Introduction

Additionally, the narrower flow passages in microchannels contribute to a significantly
higher pressure drop, resulting in greater pumping power requirements. Moreover, the
elevated Colburn j-factor observed in impinging jet arrays indicates a more advantageous
balance between heat transfer enhancement and hydraulic performance. This makes jet
impingement a more efficient and effective cooling solution for applications requiring optimal
thermal-hydraulic performance.

A concise review is provided in Table 1.3 to summarise some of the key findings with
regard to design parameters explored for impinging jet arrays. Looking in detail at the
influence of physical geometric attributes of an impinging jet array, in terms of the jet nozzle
shape, a crucial factor affecting jet array thermal-hydraulic behaviour is the formation of an
edge shear layer around the jet core within the nozzle. The intensity of the vorticity of this
shear layer not only incurs a high pressure drop penalty, but also impacts the jet profile at
the nozzle exit, influencing the mixing layer's development in the free jet zone and
consequently affecting the size and stability of the potential core. Nozzle geometry thus
emerges as a pivotal element in dictating the jet's flow profile during its initial transition to a
free jet state, which subsequently influences the heat transfer behaviour. For example, it
has been found that, for submerged circular jets, chamfered or contoured inlets diminished
the heat transfer performance, the extent of which varies with the chamfer or contour angle
[84]. However, chamfered or contoured inlets disproportionately reduce pressure drop and
pumping power across the nozzle compared with the heat transfer deterioration.

The influence of nozzle shape is further highlighted by the work of Koseoglu and
Baskaya [85] who investigated the heat transfer influence of three distinct jet nozzle
geometries: circular, elliptical and rectangular. Their results revealed that elliptical jet
nozzles facilitated enhanced flow entrainment resulting in a shorter potential core region
compared to circular nozzles, ultimately resulting in reduced stagnation point heat transfer.
However, overall heat transfer improved for certain cases of high aspect ratio jets due to
higher levels of flow mixing from the larger spreading rate relative to circular jets.

Additionally, findings have suggested that converging jet nozzles tend to enhance local heat
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transfer by promoting increased turbulence and reducing recirculation zones close to the
target surface. Conversely, diverging nozzles, while reducing pressure drop, achieve
reduced heat transfer performance compared to straight nozzles [86].

Overall, the findings provided further evidence that nozzle shape and its influence of
the flow dynamics is highly influential on the heat transfer, with high aspect ratio elliptical
jets occasionally outperforming uniform circular jets under specific conditions, contingent
on nozzle-to-target distance, flow rate, and aspect ratio [87, 88]. The work of Caliskan et al.
[89] further supported the preference for circular and elliptical jet nozzles, particularly
asserting that high aspect ratio jet nozzles could serve as passive enhancement techniques
for localised cooling solutions. Additionally, irregular jet shapes, such as high aspect ratio
elliptical jets or oblique cross-shaped jet nozzles [90], have shown some limited evidence
of enhancing heat transfer between adjacent jets. However, this must be considered in the
context of the overall impact and practical manufacturing implications of irregular nozzle
geometries.

The heat transfer coefficient of impinging jet arrays has been found to diminish with
decreasing nozzle lengths, L/D, as shorter nozzles allow less distance for flow development
before transitioning to a free jet at the nozzle exit [91]. However, when L/D < 1, separation
bubbles forms at the nozzle inlet, preventing flow reattachment within the nozzle before
exiting into the lower volume. This scenario severely constricts the flow, causing it to behave
as a jet with a smaller diameter, thus producing a higher exit velocity jet that can improve
the heat transfer, though this incurs a significant pressure drop penalty. Notably, Royne and
Dey [92] observed that thin orifice plates resulted in superior jet array impingement heat
transfer performance for a fixed flowrate, while a thicker orifice plate yielded better heat
transfer for a fixed pumping power. Again, this highlights the need to consider both the heat
transfer and pressure drop characteristics on the overall engineering design of an impinging
jet array heat sink.

The heat transfer coefficient of impinging jets are typically maximised near the central

impingement zone, whilst rapidly diminishing radially outward from the jet centreline [93].
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This spatial distribution indicates that increasing the inter-jet spacings, (S/D), will decrease
the overall average heat transfer coefficient due to the increasing distance between
stagnation regions. This was well demonstrated by Pan and Webb [94] who found that for
low jet population arrays (i.e. low cross flow effects), the heat transfer coefficient at the
stagnation point remains relatively independent of inter-jet spacing. However, decreasing
S/D led to improvement in the average convective heat transfer along the surface. As the
proximity of jet stagnation zones became closer, it tended to mitigate the drop-off in heat
transfer intensity within the inter-jet regions. Moreover, smaller S/D ratios increases the
intensity and influence of neighbouring wall jet interactions. The collision of adjacent wall
jets induces another region of boundary layer separation, diverting flow upward from the
surface, resulting in increased local convective heat transfer coefficients [95]. However, if
S/D is too small, the developing free jets can intersect and entrain coolant into the jet
streams, creating a complex distribution of the heat transfer coefficient across the impinging
surface [96]. For a sufficiently small S/D, neighbouring free jet shear layers merge, reducing
velocity in the jet periphery regions. This further decreases the overall jet turbulence by
interfering with the formation of larger-scale eddies and vortices. Testing various inter-jet
spacings has, overall, demonstrated that decreasing S/D improved the heat transfer due to
a higher density of stagnation zone and neighbouring wall jet interactions. However, there
is a point at which the spacing is so small that the free jets intersect and merge, and can
lead to heat transfer degradation.

Another critical geometric design parameter for impinging jet arrays is the distance
between the nozzle exit and the target surface, often expressed as the dimensionless jet-
to-target distance, (H/D). Remembering that developing free jets experience a reduction in
velocity as they spread, it is unsurprising that much of the literature has determined that
increasing H/D results in a general decrease in convective heat transfer intensity, especially
beyond H/D ~ 5, as this is approximately beyond the length of the potential core region of
the free jet [64, 97, 98]. Within the potential core region, the heat transfer is less sensitive

to H/D [64]. However, other influencing factors must be taken into account when considering
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H/D in a jet array design, in particular crossflow within the channel [99]. Depending on the
total jet population and/or the jet Reynolds number, which both influence the net flow rate
in the channel, a sufficiently small H/D can increase the velocity and associated inertia of
the horizontally directed crossflow in the lower channel in such a way as to deflect and
weaken jets in the array before impingement. Typically, an optimal H/D value exists for any
given jet array and volumetric flow configuration, and illustrates the complexity of jet array
impingement heat exchanger design owing to the interdependence of the various
parameters on the flow mechanics and subsequent heat transfer. This is further highlighted
by the fact that the intensity of the crossflow is dictated by the configuration of the exit flow
from the channel, as illustrated in Figure 1.3 from Obot and Trabold [100]. Here it was found
the single exit channel configuration was the worst performing in terms of heat transfer
owing to the maximum crossflow effects (Figure 1.3(c)). Conversely, the quad-exit design
that minimised crossflow (Figure 1.3(a)) exhibited the best heat transfer performance owing
to the reduced overall crossflow velocity within the channel and subsequent interference

with the jets in the array.

(@) (b) (c)
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Figure 1.3: Crossflow configurations for an impinging jet array representing (a) minimum,

(b) intermediate and (c) maximum crossflow exit channel designs [100].

Inevitable trade-offs exist between improved heat transfer performance and the
associated pressure drop and pumping power hydraulic penalties. In the simplest scenario,
increasing the jet Reynolds number will increase the convective heat transfer coefficient,
though with a disproportionate increase in the pressure drop and hydraulic power.

Numerous studies have focused on understanding the overall thermal-hydraulic behaviour
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of jet arrays, considering both thermal and hydraulic performance indicators. As the
discussion above reveals, impinging jet array thermal-hydraulics are sensitive to simple
geometric variations such as jet shape, jet population, jet-to-jet spacing, jet to target
spacing, and exit channel configuration, and their relative influence depends on the jet
Reynolds number. Complicating this is the fact that there is interdependence between these
design parameters, in that design interventions that tend to increase the heat transfer tend
to come at the expense of increased hydraulic penalties. Considering the complex nature
of this type of heat exchanger design, rigorous optimisation strategies must include a fairly
broad range of design parameters, and may also need to consider both thermal and
hydraulic performance simultaneously. As it stands, impinging jet array optimisation is a

developing field and the relevant work to date is discussed below.
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1.1. Background and Context

1.1.3. Heat Sink Geometric Optimisation

A limited number of studies have endeavoured to optimise the geometric configurations
of impinging jet arrays, tailoring designs to specific target goals and/or operational
scenarios. For simple circular straight jets, Dhir and Fabbri [103] employing a Design of
Experiments (DOE) methodology across various orifice array design configurations and
demonstrated that, for a constant net flow rate, the optimal jet arrangement for achieving
the highest heat removal capacity was with a densely populated array of minimum diameter
jets with reduced inter-jet spacings. Later, Husain et al. [106] undertook a multi-objective
optimisation approach of jet array orifice designs utilising Kriging meta-modelling in
conjunction with an evolutionary algorithm. Their findings indicated that the parameters
exerting the most substantial influence on the cooling intensity were the jet-to-target spacing
(H/D) and the inter-jet spacing (S/D). This analysis culminated in an optimal configuration
featuring a highly populated array of irregularly positioned jets, which effectively mitigated
some of the disadvantages linked to stagnation zone interactions at lower jet spacings, with
an overall 18% enhancement in overall cooling intensity and reduction in thermal gradients
by approximately 25%. Similarly, Kim et al. [105] utilised the Kriging meta-modelling
approach to develop an optimisation methodology encompassing only two design variables:
the jet-to-target spacing, (H/D), and the height of the cavity between the jet nozzle and the
impinging surface, expressed as the length-to-height ratio of the flow outlet channel.
Consistent with other studies [108, 109], this result indicated a notable enhancement in
cooling performance when multiple objective functions were considered for optimisation and
underscores the importance of carefully selecting these variables.

When conducting optimisation calculations, particularly those involving multiple
objective functions, there exists a significant risk of solutions becoming ensnared in local
optima, thereby eluding the true optimum. To circumvent this challenge and maintain a
comprehensive exploration of the design space, it is often imperative to implement
strategies that capitalise on the global distribution of data. This approach helps ensure that

potential global maxima and minima are not overlooked. To this end, Qidwai et al. [110]
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recently employed a Particle Swarm Optimisation (PSO) strategy to optimise a 3 x 3
impinging jet array to minimise thermal resistance and temperature gradients for a non-
uniform heat flux distribution at the base of a heat sink. The PSO operates by sampling a
subset of solutions otherwise too large to be completely enumerated with available
computation resources. As such, with multiple simulations, it is adept at traversing the full
design space within an acceptable timeframe, minimising the risk of convergence on
localised optima and facilitating the identification of true optimal design solutions. The
position of each jet nozzle was optimised independently within a given constrained area,
resulting in different flow behaviours from each jet depending on the distance from the
neighbouring wall jets. However, the variable inputs were more focused towards the
optimisation strategy than the geometric features of the jet array, such as number of
particles and number of iterations. Consequently, while the optimisation yielded a jet
configuration that successfully targeted regions of higher heat flux to mitigate large
temperature gradients, the result from the algorithm varied slightly for each complete
optimisation run, requiring experimental verification for each combination of PSO input
parameters.

Optimising individual geometric features of an impinging jet array heat sink has been
shown to yield substantial improvements in thermal performance. For instance, Brakmann
et al. [111] demonstrated that numerical optimisation of a fixed 9 x 9 impinging jet array,
combined with surface enhancement features such as pin fins, increased the heat flux by
up to 142% [112]. However, this improvement came at the cost of a 14% rise in pressure
drop across the system. These findings highlight the pronounced sensitivity of thermal-
hydraulic performance to variations in geometric design parameters, underscoring the
importance of carefully balancing enhancements in heat transfer against the associated
hydraulic penalties. Furthermore, Rachdi et al. [113] conducted a numerical investigation
into the effects of various geometric parameters on the heat transfer performance of
impinging jet arrays, focusing on their individual impacts on the impingement surface. Their

findings revealed that for a fixed jet population (N) increasing the inter-jet spacing (S) by a
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factor of four resulted in a 21% increase in the stagnation Nusselt number, highlighting
enhanced cooling intensity at the stagnation zones. Conversely, when S was held constant,
doubling N led to a near 25% increase in the Nusselt number along the lateral zones of the
target surface, thereby improving peripheral heat transfer. This study, and similar [114, 115],
underscore the significance of optimising geometric parameters, emphasising that each
parameter influences jet flow dynamics and thermal performance in distinct ways.
Importantly, it also highlights the limitations of investigating these parameters in isolation,
as such an approach fails to capture the complex interplay between variables. To fully
understand and maximise the global thermal-hydraulic performance of an impinging jet
array, a more comprehensive optimisation approach is necessary, considering the
combined influence of all geometric parameters on the system.

Clearly, the prior optimisation work on impinging jet array heat exchangers is quite
limited, both in scope of the optimisation and in the design parameters which have been
investigated. This can largely be attributed to the inherent complexity and interdependence
of the parameters involved, which make such problems particularly suited to CFD-based
analyses. However, from an optimisation standpoint, CFD simulations impose substantial
computational demands, requiring advanced software capabilities and significant
computing resources. Realistically speaking, it is only in recent years that advancements in
computational tools and hardware have enabled the effective exploration of such complex
optimisation problems. Despite these advancements, a notable gap persists in the
comprehensive understanding of the interplay among all geometric parameters associated
with jet array impingement. Most existing studies focus on isolated parameters or narrow
groupings of design variables, typically prioritising those with the most significant impact on
heat transfer. While this approach has yielded valuable insights, it overlooks the potential
contributions of less influential geometric features. Although their individual effects may be
less pronounced, these secondary parameters could play a critical role in shaping the
overall thermal-hydraulic performance of the system. Investigating these interactions offers

the potential to uncover additional findings that could inform the development of next-
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generation heat sink designs, emphasising the need for a more holistic approach to

optimisation in this domain.

1.1.4. Conjugate Heat Transfer

For the specific topic of the present research, which considers electronics cooling, the
heat transfer becomes even more complex when concentrated heat sources are fitted with
a heat spreader, since it now includes conjugate heat transfer effects. Concisely, high heat
flux electronics can often be of such a small area that there is insufficient surface area for
practical convective cooling to achieve safe operating temperatures. To address this, it is
essential to spread the generated heat across a larger convective surface area in order to
reduce the convective thermal resistance for a given convective heat transfer intensity. This
is achieved by a heat spreader material, typically referred to as an Integrated Heat Spreader
(IHS), which is generally a high thermal conductivity material placed between the heat
source and convective heat sink. Including an IHS transforms the electronics cooling
challenge into a conjugate heat transfer problem, incorporating both axial and lateral
conduction, which are themselves influenced by the intensity and distribution of the fluid
convection. Although it is well known that an IHS adds thermal resistance between the
source and sink, if designed correctly it can distribute the heat over a large enough
convective surface area that the reduced convective resistance more than offsets this
additional conductive resistance of the IHS [116]. The end resultis a net decrease in source-
to-sink thermal resistance.

The performance of heat spreading systems can be assessed using the Biot number
(Bi = hd/k), which compares the internal thermal resistance of a solid of thickness d to the
external convective resistance [117]. Integrated Heat Spreaders are typically constructed
from materials with high thermal conductivity, such as copper (k=400 W/mK) or aluminium
(k = 230 W/mK), enabling efficient heat distribution from the heat source to a larger surface
area for enhanced convective cooling. However, this process often induces significant

thermal gradients within the spreader. For instance, at heat fluxes ranging from 50 to 300
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W/cm?, temperature gradients can reach up to 50 K/cm, depending on the material
properties and geometry [118]. These thermal gradients introduce challenges such as
differential thermal expansion, which can lead to mechanical stresses at material interfaces.
For example, in typical CPU configurations, copper exhibits a coefficient of thermal
expansion (CTE) of approximately 16.5 x10 K-', compared to 2.6 x106 K-! for silicon. This
disparity can result in substantial mechanical stresses, potentially leading to material fatigue
or interface delamination under repeated thermal cycling [119].

Mitigating these issues requires careful optimisation of the IHS's thickness and lateral
dimensions. Robinson et al. [116] demonstrated that increasing the base dimensions of the
heat spreader significantly reduces the net source-to-sink thermal resistance, enhancing
overall thermal performance and reducing the risks associated with thermal gradients and
mechanical stress. However, these gains diminish beyond a certain size, at which point the
rate of decrease in thermal resistance becomes disproportionately small compared to the
additional material added. Thus, exceeding this threshold offers minimal performance
enhancement. Moreover, when optimising the geometry with fixed lateral dimensions of the
spreader, an optimal thickness exists since there are conflicting effects between the axial
resistance across the spreader and lateral spreading through the material [120, 121].

In microelectronic cooling applications, heat sinks are often modelled using a thermal
resistance network, which represents the heat transfer pathways from the heat source
through intermediate layers, such as a heat spreader, to the convective cooling medium.
This network typically encompasses conductive heat transfer within solid layers and
convective transfer at the fluid interface. Lee et al. [122] developed a detailed model for
thermal spreading resistance within a heat spreader, capturing the effects of lateral heat
conduction as thermal energy transitions from the smaller footprint of the heat source to the

larger surface area of the spreader. The spreading resistance, Rs, is expressed as,

Y
= 1.8
Rs kAys (18)
with
¢
v= tanh(¢1) (1.9)
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where k is the conductivity of the spreader material, Ains is the surface area of the spreader,
¢ is the ratio of the heat source size to the spreader size and 7 is the ratio of IHS thickness
to the lateral length (d/L). The total thermal resistance across the thermal stack is then
determined by summing the individual resistances of each layer, incorporating both
conductive and convective resistances. This comprehensive approach provides a robust
framework for evaluating and optimising the thermal performance of heat spreaders within
microelectronic cooling systems [123].

In the context of jet impingement heat transfer, Awad et al. [124] recently investigated
the integration of a heat spreading plate into a microjet heat sink, revealing that the
employment of a heat spreader as a passive cooling technique effectively distributes heat
across a broader area, thereby improving the overall heat removal process. The inclusion
of the spreader was shown to reduce thermal gradients across the heat transfer surface by
up to 20%, allowing inlet flow rates to decrease by as much as 40% while maintaining the
same cooling effect for a given heat flux. Such reductions underscore the dual impact of
conjugate heat transfer and fluid mechanics on thermal management. Considering the
earlier discussion regarding the sensitivity of jet array impingement heat transfer to several
design parameters, together with the influence of conjugate heat transfer within an IHS, this
preliminary study strongly suggests that an optimal cooling solution for thermal
management of concentrated heat sources should consider both the heat spreading within
the IHS and the jet array design, which adds another layer of complexity on an already

complex optimisation problem.
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1.1.5. Brief Synthesis

The above concise review of the literature highlights that the fluid mechanics and
associated heat transfer and hydraulic penalties associated with impinging jet arrays are
quite complex. The thermal-hydraulics are sensitive to a set of largely interdependent
design parameters, ranging from the jet nozzles themselves, through the nozzle population
and layout on the orifice plate, to the method by which the flow exits the system.
Complicating this is the requirement of an Integrated Heat Spreader when concentrated
heat sources are considered, since this couples the convective problem with the conduction
problem via conjugate heat transfer. Altogether, the design problem is somewhat
overwhelming, in particular when considering potential approaches to optimise the heat
exchanger. Beyond this, electronic packages are wide ranging in their design architectures
and tend to evolve rapidly, meaning that what is optimal for one design will unlikely be
optimal for another, and this will change quickly over time. Considering these points, the

objectives of the present work are outlined below.
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1.2. Thesis Objectives and Contribution

The overarching objective of this research is to develop an automated simulation-based
optimisation design strategy for liquid jet array impingement heat exchangers, specifically
focussing on scenarios whereby concentrated and high heat flux sources require heat
spreaders to achieve cooling targets. The work focusses on Central Processing Units
(CPUs), which contain more concentrated thermal loads and thus experience higher
thermal gradients and localised hotspots compared to similar components such as Graphics
Processing Units (GPUs), and implements a Computational Fluid Dynamics (CFD)
approach, aiming to develop an optimisation methodology that is accurate, versatile in terms
different CPU package layouts, and capable of multi-objective optimisation - specifically
considering both cooling intensity and hydraulic performance. To achieve this primary

research objective, the following specific sub-objectives were required:

1. To gain a fundamental understanding of conjugate heat transfer in heat spreaders
and subsequently develop a mathematical optimisation model for convectively
cooled heat spreaders with concentrated heat sources.

2. To develop a Computational Fluid Dynamics (CFD) based simulation model for
impinging jet array heat exchangers for cooling concentrated heat sources with
Integrated Heat Spreaders.

3. To design and fabricate necessary experimental facilities to verify the veracity of
the CFD simulations.

4. To develop an automated optimisation strategy and workflow for heat exchanger
design optimisation capable of both maximising cooling and minimising hydraulic
penalties for a range of practical CPU designs.

5. To demonstrate the developed simulation-based methodology to the design of
optimised heat exchanger designs for a commercial CPU package, and to verify
performance by testing manufactured heat sinks on a live CPU under high

computing workload conditions.

30



1.3. Thesis Structure

1.3. Thesis Structure

This thesis is presented in the format of a "Thesis by Publications” comprising chapters
designed to function as standalone publications suitable for submission to research
journals. As such, the forthcoming chapters include two published journal articles and one
prepared for submission. The final chapter synthesises the overarching conclusions derived
from the collective works presented in the preceding chapters. Chapters 2 through 4 are
organised in accordance with standard journal publication conventions, featuring the typical
section headings of Abstract, Introduction, Theory and Methodology, Results, Discussion,
and Conclusions. Each chapter begins with an introduction that offers a relevant and
concise literature review, highlighting evident gaps in existing knowledge and outlining the
specific aims and objectives of the chapter. As the journal papers making up each individual
chapter are included in their entirety within this thesis, it is acknowledged that some
repetition is present. Nevertheless, each chapter reports different standalone contributions
to knowledge, with different aims, objectives, results, discussions, and conclusions. The

upcoming contents of the thesis are outlined as follows:

Chapter 2

The second chapter of this thesis presents the work entitled; “Optimising Integrated
Heat Spreaders with Distributed Heat Transfer Coefficients: A Case Study for CPU Cooling,”
[125] published in Case Studies in Thermal Engineering. This chapter examines
concentrated heat sources and the impact of imposing a non-uniform heat transfer
coefficient across the convective surface of an Integrated Heat Spreader, specifically in the
context of commercial CPU packages. To investigate this phenomenon, a finite element
model of a copper heat spreader was developed in MATLAB, utilising a Gaussian function
to define the profile of the heat transfer coefficient distribution across the convective surface.
A Genetic Algorithm-based optimisation code was implemented to ascertain the
prioritisation of objective functions that yielded the most effective heat transfer coefficient

distribution for a predetermined set of fixed inputs. The results demonstrated that, compared
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to a uniform heat transfer coefficient distribution, realistic reductions in junction temperature
could be achieved by optimising the non-uniform convective heat transfer boundary
condition on the IHS, and proved the concept that conjugate heat transfer could be

leveraged in such a way as to improve overall cooling effectiveness.

Chapter 3

The third chapter presents the work entitled; “Optimised Liquid Impinging Jet Arrays for
Cooling CPU Packages,” [126] published in IEEE Transactions on Components, Packaging
and Manufacturing Technology. This chapter overviews the jet array impingement CFD
model development as well as the experimental test facility designed to generate the data
used to verify the simulations. Additionally, it details the development of an automated
workflow for geometric optimisation of the heat exchanger. To achieve this, an integrated
feedback-type workflow was developed across three separate software packages. The work
then implements the simulation-based tool to investigate the design implications across
varying degrees of concentration of the heat source, mimicking a range of CPU dies, and
different optimisation goals, specifically the minimisation of the heat source temperature
and the overall hydraulic pumping power across the heat exchanger. The subsequent
analysis compares and contrasts the optimal jet array designs across the range of heat
source sizes for both the single and multiple objective optimisation cases, identifying the
key geometric differences in the designs and physical interpretation of the heat and fluid

flow that is responsible for the observed thermal-hydraulic performance.

Chapter 4

The fourth chapter presents the work entitled; “Optimisation of Liquid Jet Impingement
Coldplate for an Overclocked CPU with Multiple Discrete Cores,“ currently ready for
submission to IEEE Transactions on Components, Packaging and Manufacturing
Technology. This chapter further progresses the simulation-based optimisation workflow
outlined in the preceding chapter to a commercial CPU package, specifically an Intel i5 12t

generation processor. Importantly, this real-life case includes the influence of the individual
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CPU cores as discrete and very high heat flux sources, together with 3D conduction heat
transfer effects in the semiconductor die and Thermal Interface Material. Consistent with
Chapter 2, an experimental apparatus was designed and fabricated that allowed for live
testing of the test CPU and production of data suitable for verification of the more advanced
simulation model. Subsequently, the automated optimisation workflow was implemented to
generate optimal heat exchanger designs for the test CPU, targeting maximum cooling of
the non-centred and discrete cores, as well as maximum cooling of the cores with minimum
hydraulic power consumption. Overall, this chapter concludes that the developed
automated workflow is a powerful design tool for optimising liquid impinging jet array heat

exchangers for cooling of commercial CPU packages.

Chapter 5

The final chapter summarises the major findings of the thesis and the contributions to

knowledge, followed by suggestions for potential future work.

Appendix

The thesis appendices report additional results and information not included in the
published papers, including but not limited to full code text, function derivations, equipment
calibration information, and additional visuals to those presented in the main body of the

thesis.
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Abstract

Chapter 2

Optimising Integrated Heat Spreaders with

Distributed Heat Transfer Coefficients

Abstract

Increasing power densities of modern CPUs has led to regions of high temperature on
the semiconductor die which can lead to performance and reliability problems. In this case
study, the effect of imposing a non-uniform heat transfer coefficient profile across the
convective surface of the CPU’s integrated heat spreader was investigated as a potential
enhanced cooling concept. A finite element model of a copper heat spreader of 40 x 40
mm? area and 2.5 mm thickness with a centred 13 x 13 mm? heat source at 100 W/cm? heat
flux was considered to approximate typical modern high-powered CPUs. Both uniform and
Gaussian distributions of the heat transfer coefficient were then considered. For the latter,
both single and multi-objective Genetic Algorithm optimisations were carried out for three
source temperature objectives: average temperature, maximum temperature and maximum
temperature difference. The analysis showed that the multi-objective optimisation strategy
produced the best overall heat transfer coefficient distribution, with almost 5 K reduction in
both the maximum temperature and temperature gradient across the heat source relative
to a baseline design case with a uniform heat transfer coefficient distribution applied across

the convective surface of the heat spreader. This chapter corresponds to the publication [1].
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2.1. Introduction

The increasing power densities of central processing units (CPUs) has led to regions
of high heat flux on the semiconductor die. The concentration of thermal power can
negatively influence CPU performance, to the point that thermal management can dictate
the design power. Practically, if cores on the CPU die exceed the maximum specified
temperature threshold, it causes the performance of the CPU to be throttled in order to
reduce power and prevent damage [2]. Typically, the exact measurement technique used
to monitor CPU temperature for both the die and individual cores vary between CPU
architecture and manufacturer. However, these most commonly take the form of Digital
Thermal Sensors (DTS) built directly into the die, with an accuracy of £ 5 K, or analogue
thermal diodes that measure voltage changes which correlate with temperature [3, 4]. The
exact nature of measurement technique used for each CPU is difficult to ascertain as this
information is rarely provided by the manufacturer. Furthermore, while these measurement
techniques do not provide a full power breakdown across the active cores of a CPU, they
do, at least in the case of DTSs, allow for a breakdown of temperatures for each core, which
can be advantageous during observation under high loading conditions of which cores
generate a higher heat flux and hence require greater cooling.

In multicore processors, uneven distribution of compute activity can lead to an uneven
heat flux distribution, which can exacerbate cooling challenges [5]. Therefore, it is
imperative that adequate cooling is available, specifically for the hottest and most
problematic core(s) on the silicon die. Further to this, aggressive global cooling to target the
problem core(s) may overcool neighbouring cores, leading to significant temperature
gradients on the die, which presents its own reliability problems, particularly when
considering the different coefficients of thermal expansion of neighbouring components [6].
As such, advanced cooling of CPUs must consider a balance that enables adequate cooling
of the hottest core(s), yet not induce unacceptable thermal gradients along the die.

Inadequate cooling effectiveness of electronic devices can lead to significant issues such
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as performance degradation, reduced reliability, and shortened lifespan, in addition to
problems such as degradation of Thermal Interface Materials (TIM), thermal runaway,
throttling and reduced signal fidelity [7-9].

The cooling effectiveness of a concentrated heat source can be improved by spreading
the thermal energy to a larger convective cooling area, effectively increasing the area of
convective heat transfer with associated reduction in its thermal resistance. In CPU
packages, this is facilitated by incorporating an Integrated Heat Spreader (IHS) between
the die and the convective heat sink. Thermal management of the electronic package thus
requires accurate determination of individual thermal resistances present between
contacting surfaces for the system in question, including the IHS [10]. Robinson et al. [11]
determined that, for a concentrated heat source, increasing the size of the IHS lateral
dimension can indeed decrease the convective and overall resistance. However, this
decreasing trend plateaus such that little benefit is achieved for high IHS sizes. Similarly, if
the lateral dimension of the spreader is fixed, an optimal IHS thickness exists which
minimises the characteristic temperature (maximum or average) of the heat source [12].
Although increased thickness tends to improve lateral conduction, it simultaneously
increases the transverse conduction resistance. It is therefore vital that, for a given heat
source, the IHS dimensions are considered critically and optimised, with the aim of
minimising the spreader thermal resistance or maximising its effective conductance [13]. If
designed correctly, the additional resistance associated with the IHS system will be more
than offset by the reduced convective resistance, leading to an overall reduction in the
source-to-sink thermal resistance, facilitating cooler die temperatures or potentially reduced
coolant flow rates for the same cooling effectiveness [14, 15].

In order to optimise an IHS system, prediction of the thermal resistance associated with
a concentrated source on a heat spreader with a convective boundary condition on the
opposite face is required. Most cooling strategies can be well approximated as a uniform
convective resistance on the cooled surface, which is a sufficient simplification to allow

analytic modelling of the three-dimensional heat flow problem. Exact and approximate
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analytic solutions have been put forth by several authors, including but not limited to [16-
22], with a detailed review provided by Razavi et al. [23]. Of the available analytic solutions,
the model proposed by Lee at al. [24] is the most convenient, owing to the leading order
approximation eliminating the infinite series terms, and has been shown to be very accurate
[18]. In the context of aggressive cooling of high-powered CPUs, the analytic models show
that increasing the effective heat transfer coefficient decreases the source-to-sink thermal
resistance. Although this is unsurprising, it is noted that this is a conjugate heat transfer
problem, so the optimum IHS dimensions will also be sensitive to the imposed convective
boundary condition.

As CPU heat fluxes escalate, cooling with air becomes less feasible owing to issues
around fan power, noise, compactness and inadequate cooling effectiveness. In
applications such as data centres, which can host thousands of CPUs, the infrastructure
energy associated with conditioning and handling air, along with the low potential for heat
recovery, also become problematic [25, 26]. The practical limitations of air cooling have
motivated an emerging shift to liquid cooling of CPUs, owing to its superior thermophysical
properties [27]. A large body of work has been published on advanced liquid cooling
technologies that include though is not limited to microchannels [28], pin fins [29], microjets
[30, 31], and hybrid solutions [32]. As mentioned, however, aggressive liquid cooling will
influence the heat flow in the IHS owing to the conjugate nature of the problem. Liquid
cooling solutions and concepts that specifically target concentrated heat sources are less
common. The works of Kim et al. [13], Nikoli¢ et al. [33], Lee at al. [34], Sharma et al. [35],
Laguna et al. [36], Wu et al. [37], Wiriyasart & Naphon [38] and Kong et al. [39], are
examples of liquid cooling studies that consider concentrated heat sources and both the
convection and conduction problem simultaneously. An important conclusion that can be
drawn from these studies is that clever design of the liquid cooled heat sink can positively
influence the source-to-sink resistance of the package, including targeted cooling of hot

spots.
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It is evident from the literature that the concepts of heat spreading and high-
performance liquid cooling have been extensively investigated. The preponderance of
knowledge is associated with the scenario whereby the heat transfer coefficient across the
heat spreader is uniform. Less work has been conducted on the combined conductive-
convective problem, though there is evidence that hot spot mitigation occurs when
concentrating the convective heat transfer in regions of high heat flux. In other words, when
a concentrated heat source is dissipating heat through an IHS, providing a heat transfer
coefficient that is non-uniform on the cooled face is likely to be advantageous.

The aim of this case study is to investigate the effect of aggressive cooling solutions
which incorporate non-uniform heat transfer coefficient distributions on the convective
surface of an IHS in order to determine if a significant improvement in thermal performance
is realised compared with a uniform distribution. To achieve this, a realistic case study
scenario, typifying modern CPUs, has been chosen. A non-uniform Gaussian distribution
function of the convective heat transfer coefficient was then optimised by considering
different temperature objectives to determine the best thermal performance. Although this
case study targets a single CPU architecture with uniform thermal loading at the source and
specific functional form of the convective heat transfer coefficient, the mathematical process
developed can be adapted to broader and more complex scenarios, including different
geometric configurations, non-uniform heat loading and multi-chip modules. The fluid
dynamics associated with this type of cooling problem are not considered within this study,
instead focusing on the thermal conduction present across a solid heat spreader for an

applied convective boundary condition of both uniform and variable distributions.
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2.2. Heat Spreaders in Modern CPU Packages

2.2.1. Why are heat spreaders required in modern CPUs?

The embedded table in Figure 2.1 presents an example list of modern high heat flux
CPUs available from Intel and AMD, where the appropriate die characteristic dimension has
been determined from the die area (L5 = \/A_hs) [40] and the heat flux determined from Ans
and the manufacturer-recommended Thermal Design Power (Q”;s = Qns/Ans). The heat
fluxes of the selected CPUs range between around 50 W/cm? to over 110 W/cm?, and this
can be considered conservative, since the CPU cores occupy only a region of the total lower
die surface. For illustrative purposes in this case study, the average characteristic size of
Lhs = 13 mm will be used for a square die as representative of high heat flux CPUs.

Figure 2.1 illustrates how the required heat transfer coefficient, (h = Q"hS/ATj_C) varies
with the heat flux, Q"hs, when a source-to-sink temperature difference of AT;.c= Tj-Tc=55 K
must be maintained. This corresponds with a maximum allowable junction temperature of
Tj=90°C at the source, typical of modern CPUs, and a coolant temperature of T.= 35°C,
which is the suggested heat sink design temperature for CPUs [3]. The figure also compares
the approximate achievable heat transfer coefficient magnitudes of different direct contact
natural convection (NC) and forced convection (FC) types, for air and a typical dielectric
liquid (here HFE7000), with that required to sufficiently cool the bare CPU die. As shown,
even with boiling of a refrigerant on the die, direct cooling is clearly incapable of achieving
sufficient heat transfer coefficients to cool modern CPUs [41]. Consequently, engineering
solutions must be implemented to decrease the thermal resistance and thus facilitate
cooling with air and dielectrics, or potentially allow use of more effective heat transfer fluids,

like water.
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Figure 2.1: (a) Required convective heat transfer coefficient versus heat flux for a 13 mm
square die and required source-to-sink temperature difference of AT, = 55 K, along with
approximate magnitudes of direct contact convection of insulating coolants [42, 43]. Inset
table provides list of typical modern high heat flux CPUs. (b) lllustration of the thermal stack

with associated thermal resistance diagram of a CPU package.
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The relationship for convective thermal resistance, R..,, = (h4;45)~!, indicates that
the thermal resistance is inversely proportional to the surface area. Consequently, for a
given convective heat transfer intensity, Reconv Can be decreased by increasing the total
surface area upon which convection acts. In modern CPUs packages, this is facilitated via
the introduction of an Integrated Heat Spreader (IHS), as depicted in Figure 2.1(b). An IHS
functions by adding additional surface area between the heat source and the heat sink,
allowing the heat to spread laterally. Hence, for an otherwise insufficient convective heat
transfer coefficient, h, there can be enough surface area, Ars, to allow the target thermal
resistance to be achieved. Practically, however, implementing an IHS requires the stack
package depicted in Figure 2.1(b), and involves the penalties of adding further resistances
to the thermal network, namely the Thermal Interface Materials and the IHS itself. The
balance, when adding these elements to improve the heat transfer, should always be to
ensure that the net resistance is lower than if direct cooling occurred on the bare die. The
inclusion of an IHS can be of further benefit as it acts as a protective barrier between the
die and the coolant. Consequently, this allows the use of high-performance coolants, i.e.
liquids like water, and high-performance thermal hardware, such as microchannels and
microjet coldplates.

Several analytical estimates exist in literature for determining the thermal spreading
resistance within a heat spreader. For example, Lee et al. [24] proposed a model that
accounts for a single-layer heat spreader and heat source geometry, where the spreading

resistance is defined as,

Y
Re =17 — 2.1)
with
¢
v= tanh(¢1) (22)

where k is the conductivity of the spreader material, Ansis the surface area of the spreader,
¢ is the ratio of the heat source size to the spreader size and t is the ratio of IHS thickness

to the lateral length (d/L). This model builds of the single 45-degree rule for thermal
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spreading resistance, which states that R; = d/(kA;ys), which assumes that heat spreads
uniformly at a 45-degree angle from a localised source into a spreader. Lee's analytical
model is widely used in practical design because it balances simplicity and accuracy.
Additionally, Muzychka et al. [44] extended this analytical framework to address multi-
layered structures where heat conduction occurs through multiple layers of differing
materials. The model is especially relevant in modern electronics with complex thermal
stacks between the heat source and coolant. Muzychka’s model uses Bessel functions to
account for multi-layer heat spreading and variations in thermal conductivity across layers,
as well as non-uniform heat source locations. This approach considers lateral spreading
resistances for each layer, with the contributions summed to calculate total resistance.
However, this model considers complex calculations and requires numerical methods to

reach a solution.

2.2.2. Integrated Heat Spreader Thermal Resistance

With the integration of an IHS into the package and its potential to facilitate a wide
range of cooling options, a question then arises around how large Rius is in proportion to
the thermal resistances that can be achieved by different practical heat sinks for various
CPUs. To address this question, a straight-forward numerical model has been developed
as a case study that is representative of modern high heat flux CPUs. Figure 2.2 presents
the geometry used for this IHS model, with area of 40 x 40 mm?, thickness d, and a centrally
located CPU die of 13 x 13 mm?2. No symmetry conditions were applied to this geometry,
taking into account potential future applications of this analysis where non-uniform and non-
centralised head sources could be considered. Additionally, omitting symmetry conditions
simplified the optimisation code development and allowed for less complex code regarding
the extraction of temperature data at the interface between the heat source and heat
spreader.

When modelling the IHS, copper was selected as the material, with an isotropic thermal

conductivity of kK = 400 W/mK. This selection was made owing to the excellent thermo-
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physical properties of copper and widespread adoption in industry for high-performance
electronic packaging. This relevance ensures that research findings can be effectively
translated into practical applications. While not considered in this study, it would be
expected that if a non-isotropic heat spreader material were to be employed, i.e. thermal
conductivity is non uniform in all directions, that a higher level of lateral heat spreading
would be encouraged if lateral conductivity were greater than axial conductivity, mitigating
high heat fluxes on the convective surface of the IHS and requiring less intense targeted
cooling to deal with high heat flux concentrations. As a result, it would be expected that heat
spreader efficiency would be higher in this case than if an isotropic spreader material were
used. This would also be expected to be the case if the axial dimension of the heat spreader
was increased, which increases thermal resistance in the axial direction, encouraging better
lateral spreading, though this comes at the cost of adding material and may not be suitable
when under certain practical limitations such as material availability and spacial
considerations.

The parameter ranges investigated were; effective heat sink conductance of
1,000 W/m2K < herr < 50,000 W/m2K, and IHS thickness between 1.0 mm £ d < 5.0 mm.
These cases, where the convective heat transfer coefficient is uniform, can be considered
the baseline to which the non-uniform scenarios will be compared in a later section. The
thermal model used to simulate the case study was based upon the steady state three-
dimensional heat conduction equation, which assumes a constant thermal conductivity in
the solid domain,

8%T N 85%T N 85°T
6x?  6y?  6z2

=0 (2.3)

where T is the temperature within the solid. This governing equation was subject to the

following boundary conditions;

6T 6T 6T 6T

5 ectgs = G Luctags =l tags = 5, b = 0 @
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6T
_ka lz=a = h(T — Tagm) (2.5)
" th th
o _{ Q"hs (x.Y)E(—T»T) 26
5 17=0 = 0 (uy)e (- (Lins — Lns) (Lins — Lns) '
\ Y 2 ’ 2

Here, h is the uniform convective heat transfer coefficient applied to the top surface, Q' is

the uniform heat flux applied to the smaller area on the lower surface, % Lins is half the length

of the heat spreader and % Lns is the half the length of the heat source, where the geometric

model is constructed such that the centre of the square heat source is the origin.

The model used to simulate the heat transfer in the IHS was solved in the MATLAB
Finite Element solver using the Partial Differential Equation Toolbox. The MATLAB solver
used triangular mesh elements, as depicted in Figure 2.2(b), and mesh independence was
verified by increasing the mesh density for a high heat flux (Q’ns = 100 W/cm?) until the
percentage error between successive simulations was less than 1% for the parameter of
interest, in this case the average temperature across the contact face between source and
spreader. The final mesh selected for the optimisation study was approximately 12,000
mesh elements. The mesh independence study is detailed below in Table 2.1, which also

details the Grid Convergence Index (GCl), defined as [45],
GCl = —=— 2.7)

where ¢ is the difference in parameter of interest between successive meshes, labelled here
as grid 1 and grid 2 respectively. r; is the ratio of grid spacing between two successive grids,
which for a 3D problem is defined as the cubic root of the ratio of the number of cells used
between successive meshes, and pconv is the order of convergence, quantifying how quickly
the numerical solution approaches the true solution as the grid is refined, defined as,

In (%)

Pconv = In(r.) (2.8)
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A GCI of less than unity implies grid independence, with a decreasing GCI with increasing

mesh density indicates convergence towards the true solution.

Table 2.1: Mesh independence study of MATLAB FEA model

Mesh cell density (no. of cells) GCl GCl
€21 €32 Ir Pconv .
Course  Medium Fine (course) (fine)
2916 6090 12550 0.01 0.06 1.26 8.42 0.013 0.0018

The numerical simulation outputs the non-uniform temperature distribution in the solid
domain. The average net thermal resistance is typically presented as the sum of those
associated with the heat spreader and convective heat transfer from the top face [10, 21,

46];
Ths - Tatm 1
R =———=Rijyg +——— (2.9)
net,avg Q IHS hAIHS

where Ty is the average temperature of the heat source area, Ans, and Riss is the overall
resistance associated with the addition of the heat spreader. Albeit convenient from a
simplified calculation standpoint to some degree it masks the true influence of the heat
spreader by lumping it into the Rius term, where in fact both the conductive and convective
heat transfer are influenced by the presence of the spreader. This is clearly observable in

the investigation of Lee et al. [21] though not discussed explicitly.

(a) _
(-k VT)*n = h(T = Tatm)

,.;/‘\\ _ Ve(kVT) =

T = Tatm g (-kvT)'n=0

Figure 2.2: (a) 3D geometry of IHS and heat source with associated boundary conditions

and coordinate system, (b) 3D mesh of IHS geometry with dimensions.
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Heat spreaders are, in principle, lateral fins since they are intended to increase the heat
transfer surface area, precisely the function of traditional fins, though in a different
orientation in relation to the heat source. However, they are not historically considered in
the same manner as fins. Fins themselves are a classical scenario of conjugate heat
transfer, where the solid phase conductive heat transfer is strongly dependant on the
convective heat transfer that acts on the solid boundaries. This is also the case for heat
spreaders and is an important consideration since, like fins, a heat spreader’s purpose is to
increase the surface area for convection to act. Therefore, considering the heat spreader
as a fin can provide a more effective means to describe the conjugate heat transfer problem
being considered.

The efficiency of the heat spreader can be defined in the same manner as the fin

efficiency, which compares the thermal resistance to one of an infinite thermal conductivity.

(2.10)

where Ais is the surface area of the convective surface on the spreader. The spreader
efficiency, ns, thus provides a representation of the heat spreading performance, where
the closer niks is to unity, the more effective area of the spreader’s top surface is active for

convection to act. Consequently, the source-to-sink thermal resistance can be given by,

1

_ (2.11)
(MiusAius)h

Rnet,avg =

Figure 2.3(a) illustrates the relationship between the fin efficiency and the lateral Biot
number (Bi = hd/k) for different non-dimensional heat spreader thickness ratios, f =
d/L;ys. As this case study considers a fixed thermal conductivity, decreasing Bi is
associated with decreasing convective heat transfer coefficient and vice versa. In terms of
the analogy with traditional fins, this is the same behaviour with respect to heat transfer

coefficient and fin efficiency. This is clearly depicted in Figure 2.3(b), which plots
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distributions of the non-dimensional temperature, 6, for three different Biot numbers and
B = 0.05, where,

_ T y,2) = Tatm

Tmax - Tatm

0

(2.12)

It is clear from Figure 2.3(b) that the active area on the convective side of the IHS
decreases with increasing magnitude of Bi, consistent with the lower calculated spreader
efficiency. It is also clear from Figure 2.3(a) that decreasing the thickness of the spreader,
which restricts the lateral heat transfer, decreases the overall spreader efficiency, in the
same manner as traditional fins. Also shown in Figure 2.3(a) is the comparison between the
present FEA numerical model and the approximate analytical model of Lee et al. [24]. The
figure indicates that the numerical model is capable of adequately reproducing the analytical
data and gives confidence in the efficacy of both modelling approaches.

The key point here is that, like traditional fins, the conductive heat transfer in solid heat
spreaders is highly coupled with the convective heat transfer. When implementing
aggressive cooling that globally cools the top surface, such as with water-cooled coldplates,
the drop in spreader efficiency means that the effective area of convective cooling is small.
This is not ideal and brings into question whether global-cooling the surface of the IHS is
the best option. Pumped water-cooling loops in computing systems have constraints on
pressure drop and flow rate. It thus seems better engineering judgement to deploy the
limited coolant resource to the portions of the heat sink that are more actively heated.
However, this being a conjugate heat transfer problem, focussing the convective heat
transfer will influence the conductive heat transfer, requiring a full conjugate heat transfer
analysis to explore the overall impact on the cooling effectiveness, combined with an
optimisation strategy to find the best overall operating condition. This can be defined as the
operating condition that provides the best heat transfer performance that is able to mitigate
high temperature gradients by reducing the temperature difference across the surface of
the heat source whilst also minimising both the average and maximum temperatures

located across this surface.
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0.9 — .. d/L=0.0125(Lee)  x d/IL=0.0125(FEA)

— — d/L=0.025 (Lee) o d/L=0.025 (FEA)

= o ﬁl - .= d/L=0.05(Lee) a d/L=0.05(FEA)

(= .

= A%, ———=- d/L=0.075 (Lee) o d/L=0.075 (FEA)

(TR}

5 06 ’Q .| — d/L=0.125 (Lee) o d/L=0.125 (FEA)

Qo

S

@

[ -

<

0.0 0.1 0.2 0.3 0.4 0.5 0.6 0.7
Biot Number, Bi
(b)

.1.0

0.5

' 0.0

Figure 2.3: (a) Comparison between fin efficiency versus Biot number for varying 8 = d/L.

Also shown is the comparison between the current numerical simulations and the analytic
solution of Lee et al. [24]. (b) Non-dimensional temperature distributions at different Biot

numbers for B = 0.05.
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2.3. Distributed Heat Transfer Coefficient Distribution and

Optimisation Strategy

2.3.1. Heat Transfer Coefficient Distribution

Based on the position of the heat source relative to the spreader, the aim when
considering the distribution of the heat transfer coefficient was to have a continuous function
that contained a maximum located at the centre of the IHS convective surface, which would
decrease to a non-zero value at the outer edges of the IHS. This would be similar to the
behaviour of the temperature fields on the IHS convective surface as seen in the previous
section. This concentration of the heat transfer coefficient at the centre would enable better
lateral spreading across the IHS and help produce a more uniform temperature distribution
across the convective surface.

Based on this logic, a Gaussian distribution was determined to be a suitable function,
as it produces a centrally located maximum which decreases to a minimum on either side
of the peak. The associated mathematical form of this function contains inputs which can
be used to control the steepness of the peak region of the curve and the minimum value to
which it decreases. These variables could therefore be tailored accordingly based on the

heat flux applied at the source. The Gaussian function was specified as:

__L 365
f(x)—ame 2\o (2.13)

where X is the mean value of the data set and o is the standard deviation. To maintain a
certain level of control over the optimisation, a limit was introduced into the function that
specifies the average heat transfer coefficient across the whole convective surface of the
IHS. This allows the function to remain within practical limits of achievable convective heat

transfer coefficients. To facilitate this, the Gaussian function was amended as,

flx) = <z e_% (%D +m (2.14)
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Here, m is the minimum heat transfer coefficient that the curve asymptotically approaches
in the far-field, and a is a multiplier that controls the width of the peak curve, which falls

within the limits of 0.001 to 0.01. The expression for Z is specified as’,
B 242 (ha,,g — m)
Vra (erf (—\/; a)> —erf (—\/_{a>

where ha.yg is the specified average heat transfer coefficient magnitude across the entire

(2.15)

convective surface, and r is the displacement from the origin, here the centre of the IHS.
The inclusion of ha,g as a constraint allows for an added element of control over the
convective intensity, in conjunction with the existing variables ‘a’ and ‘m.’ This allows for the
convective profile to be contained within known achievable intensities by practical cooling
mediums. To omit this constraint would mean that the optimum distribution would be
unrestricted in terms of maximum cooling intensity and therefore provide a distribution with
peaks that are unobtainable without incurring significant penalties elsewhere in a practical

cooling system, such as hydraulic restrictions. The Gauss error function is defined as [47],

2 X
erf:x| - ﬁf eV’ dv (2.16)
0

Figure 2.4 illustrates how the variable inputs a and m affect the overall Gaussian
distribution, where an increasing value of a produces a broader curve and reduces the
maximum value of the peak to maintain the specified average, while increasing m increases
the minimum value reached by the asymptotes in the far-field. An increase in m also
contributes to a reduction in the maximum peak value, again to maintain the convective

surface average heat transfer coefficient condition.

' For function derivation, see Appendix A1
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Figure 2.4: Gaussian convective heat transfer coefficient distribution profiles showing the

effects of changing the inputs a and m with a surface average of hag = 35,000 W/m?K. (a)

Constant m = 0 W/m?K for different values of a, (b) Constant a = 0.05 for varying m.
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2.3.2. Heat Transfer Coefficient Optimisation

2.3.2.1. Objective functions and variable inputs parameters

For this case study, the main area of concern was the contact area between the heat
source and solid heat spreader, since this is the location where the CPU die interfaces with
the IHS and is the location where the highest temperatures are located. The temperature
profile of the heat source region can be characterised by three different temperatures,

e Maximum temperature, Tmax

e Average temperature, Tayg

e Temperature difference, ATmax-min
These three temperatures were considered as the objective functions for the optimisation
study. The maximum temperature indicates the most problematic region of the source, the
average temperature represents the overall effectiveness of the cooling solution and the
temperature difference is indicative of the temperature gradients and thus thermal stresses
which would be present across the die-IHS interface.

Two inputs were set as variable parameters during optimisation: the minimum far field
heat transfer coefficient, m, and the peak curve width indicator, a. The input for the former
was confined to a range of 0 < m < 30,000 W/m?K, whereas the latter was set between
0.001 < a < 0.01. The other geometric parameters, physical properties and boundary
conditions were considered to be constant for this example case study: Qs = 100 W/cm?,
Aps= 13 x 13 mm?, Ajs = 40 x 40 mm?, b = 2.5 mm, and k = 400 W/mK. The lateral
dimensions of the IHS surface area used in this study are consistent with those commonly
found in CPU packages for desktops and high-performance servers [48]. For this
investigation, the IHS dimension is fixed to simplify the existing optimisation problem. While
varying this parameter could provide additional insights, it would considerably increase
computational complexity and runtime without offering proportional advantages to the
study’s objectives. The average heat transfer coefficient condition was set at a constant

value of ha,g = 35,000 W/m?K. In terms of overall heat transfer coefficient, this magnitude is
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in line with those achievable by both microjet impingement and microchannel based heat

exchangers [27].

2.3.2.2. Genetic algorithm

An in-house Genetic Algorithm (GA) program was written using the Matrix Laboratory
R2022a optimisation toolbox in MATLABZ2. GA utilises an optimisation strategy based on
natural selection evolution via genetic reproduction, mutation and crossover. The algorithm
uses the individuals from the previous generation to create the children that make up the
current generation. This iterative process is run until a global optimum for the specified
objective function(s) is found [49]. The rate of mutation for this case study was set as
adaptive, implying that during the optimisation process, each iteration randomly combines
genes of individuals from the previous iteration to form new children. This process then
adapts with each successive generation based on the results of the last. For a multi-
objective problem, this helps to ensure that the true global optimum is located as opposed
to a localised optimum, which can miss sections of the test range [50]. Table 2.2 presents
the GA parameters employed for the case study, with the initial simulation parameters
configured following the recommendations provided in the MATLAB GA user guide [39] for

this class of optimisation problem.

Table 2.2: Genetic algorithm operating parameters

Operating parameter Value
Objective Functions Tmax, Tavg, ATmax-min
Variable Inputs am
Initial population size 50
Max. Generations 1000
Crossover fraction 0.8
Mutation Adaptive

2 For the full MATLAB GA optimisation code, see Appendix A2
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A sensitivity analysis was conducted to evaluate the influence of initial conditions on
the optimisation outcome. The results indicated that variations in the initial parameter
values had no effect on the final optimised solution, influencing only the computational

time required for convergence.

2.4. Results and Discussion

For a case study, the methodology and potential impact of the type of design
intervention are presented for a specific design scenario. In a real-world context, a case
study is performed in preference to investigating all the possible scenarios that could be
encountered, as these would be too numerous. Thus, an ‘average CPU’ is considered, in
the sense that the fixed parameters listed in Table 2.3 used in this case study were informed

by existing commercial CPU packages (Figure 2.1(a)).

Table 2.3: Case study fixed parameter values

Parameter Symbol Value Unit

Heat source length Lhs 13 mm

IHS length Lins 40 mm

IHS thickness d 2.5 mm
Thermal conductivity k 400 W/mK
Average heat transfer coefficient Navg 35,000 W/m2K
Heat flux Qs 100 W/cm?

Coolant temperature Te 35 °C

2.4.1. Baseline Global Cooling Case

In order to provide context for later comparisons, Figures 2.5(b) and (c) presents the
local and distribution of the temperatures across the IHS associated with the baseline case,
where a uniform heat transfer coefficient of ha,g = 35,000 W/m?K was applied across the
convective surface of the IHS (Figure 2.5(a)). For this case, Bi = 0.219 and B = 0.0625. In
this case study, the dimensions of the IHS were held constant to focus exclusively on the

effects of varying convective intensity on the heat transfer surface. Introducing changes to
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the heat spreader’s dimensions would complicate the optimisation process and obscure the
isolated assessment of the convective intensity distribution. Simultaneously varying the
geometric properties of the heat spreader would require a more extensive analysis beyond
the scope of this investigation.

Although the influence of heat spreader dimensions is not explored here, insights into
the effects of varying Biot number can be drawn from the numerical comparison presented
in Figure 2.3. Changes in the axial dimension of the heat spreader, which alter both the Biot
number and B, would influence spreading efficiency by modifying the axial thermal
resistance. For a thinner heat spreader, a reduction in spreading efficiency would likely
result in thermal energy remaining concentrated near the geometric footprint of the heat
source. Conversely, a thicker spreader, characterised by higher spreading efficiency, would
enable a greater portion of the convective surface to actively participate in heat transfer.

The maximum temperature for this baseline case, Tmax = 87.4°C, occurs at the
geometric centre of the heat source on the bottom surface, as clearly illustrated in Figure
2.5(b). The temperature differential across the heat source/IHS contact area is ATmax-min =
11.7 K and the average temperature of the heat source was calculated to be Ta,g = 83.3°C.
The top and bottom temperature profiles are such that the temperature decreases
monotonically from the geometric centre of the spreader. It can be seen from Figure 2.5(b)
that an inflection point occurs at the approximate location of the heat source edge (x/L =
0.325) on the bottom surface of the IHS, as the curves change from being concave to
convex beyond this point. This prompts high temperature gradients, and subsequent lateral
heat conduction, in this location, which diminish to zero at the edge of the IHS.

For this baseline case, the spreading efficiency of the IHS was found to be s = 21%,
implying that only a fifth of the available heat spreader surface area was effectively active
for convective heat transfer. Considering the 2D temperature distributions displayed in
Figure 2.5(c), it is evident that this low efficiency is due to the lack of lateral heat spreading
across the IHS. Conversely, the thermal energy remains concentrated directly above the

heat source, with most of the heat flowing transversely in the region of the heat source.
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Since the convective heat flux at the top surface is proportional to the difference in wall and
coolant temperature at the surface, Q”.,ny < T(x,y,b) — T, the distribution in the top image
of Figure 2.5(c) is indicative of the convective heat flux distribution, which is clearly localised.

Despite Figure 2.5(b) illustrating that the footprint of the heat transfer coefficient
distribution closely aligns with that of the heat source, the presence of the heat spreader
mitigates the severity of temperature gradients across the heat source. This is evident in
the temperature distribution on the convective surface, which suggests that some degree
of lateral heat spreading is still achieved even under a uniform convective intensity.
Consequently, the inclusion of the spreader enables the tailoring of convective intensity to
enhance heat spreading, ultimately minimising critical temperature objective functions. The
forthcoming optimisation study will further demonstrate how this approach can enhance the
thermal performance of the system.
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Figure 2.5: (a) Plot of convective heat transfer coefficient distribution on top surface, (b)
plot of centreline temperature distribution on bottom surface, and (c) non-dimensional
temperature distribution (Top) convective side, (Middle) centreline cross-section, (Bottom)

heat source side.
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2.4.2. Optimised Convective Cooling Cases

As shown in Figure 2.6(a), the optimal convective heat transfer distributions for Tmax
and each Tayg, Tmax and ATmax-min (Cases (ii) and (iii)) are broadly similar and fall in between
the more extreme profiles of cases (iv) and (v) that optimised for the Tayg and ATmaxmin
objective functions respectively. Consequently, the temperature distributions for case (ii)
and (iii) are very similar, as shown qualitatively in Figure 2.6(b) and more qualitatively in the
centreline temperature plots in Figure 2.7. It should be noted that the temperature scale
used in Figure 2.6(b) is normalised relative to the maximum temperature. As a result, the
improvements in the performance metrics over the baseline case, (Tavg-Tavgcase (i),
(Tmax-Tmaxcase ())s (ATmax-min-AT max-min, case ()), Shown in Figure 2.8, do not differ significantly
whether Tmax or each ATayg, Tmax and ATmax-min @re chosen as the objective functions.
Importantly, the concept proposed here, that a distributed heat transfer coefficient can
provide superior cooling performance of heat spreaders of otherwise low spreading
efficiency, is proven. Table 2.4 presents the overall results of the GA optimisation study,

highlighting the objective functions considered for each case and the key results.

Table 2.4: Summary of findings for GA optimisation

Parameter (i) (i) (iii) (iv) (v)
. . . Tmax, Tavg,
ObJeCt'Ve FunCtlonS N/A Tmax Tavg ATmax-min
ATmax—min
a N/A 0.0047 0.0045 0.0073 0.0036
m N/A 4798.05 55692.73 2895.45 2.99

Max. Temperature (K) 360.41 356.78 356.81 357.16 361.70

Avg. Temperature (K) 356.29 355.09 355.18 354.45 360.75

Temperature Difference 11.71 6.49 6.44 8.52 2.33
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While no weightings were assigned within the code itself for the objective functions of
the multi-objective case, i.e. (ii), a virtual weighting exists given the influence that maximum
temperature exerts over the other two thermal objectives, i.e. when maximum temperature
is reduced across a surface, inevitably average temperature and the severity of the
temperature gradients reduce also. As such, the optimised convective intensity profile for
Tmax, case (iii), results in a similar distribution to that of the combined multi-objective
optimisation of case (ii).

Furthermore, although the average source temperature is only reduced by
Tavg-Tavgease () = -1.2 K for the multi-objective optimisation case (ii), the maximum
temperature is decreased by Tmax-Tmaxcase () = -3.6 K, and the temperature gradient
diminished by AT max-min = ATmax-min, case () = -5.2 K, which are significant. It is clear from Figures
2.6(a) and (b) that a higher, and subsequently more focused, distribution of the heat transfer
coefficient in the central region leads to a more uniform temperature across the IHS.
Focussing the heat transfer coefficient acts to mitigate the lateral temperature gradients
which would otherwise promote conduction from the centre of the IHS to the outer edges.
This is apparent in Figure 2.7, particularly for the ATmax-min Optimisation case (v), which has
the most focused heat transfer coefficient profile with the highest peak magnitude and
subsequent most uniform non-dimensional temperature, 6, distribution that is comparatively
closest to unity throughout most of the domain. Closer inspection of Figure 2.7(a) reveals
that the highly focussed heat transfer coefficient of this case has the effect of creating a
local minimum in 8 at the centre of the heat source, and a local maximum of slightly higher
magnitude in the region of the heat source’s edge (x/L = 0.325). This is the only case where
the maximum temperature is not located at the geometric centre of the heat source.
Similarly for the top surface of the IHS plotted in Figure 2.7(b), the temperature gradients
for case (v) are positive, i.e., directed inwards, denoting lateral conduction inward towards
the centre. Consequently, to create a uniform temperature distribution on the localised heat

source, such as the one considered here, requires sufficiently intense and focussed
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convective cooling in the source region to cause the lateral flow of heat in the solid to be
directed inward towards the central region.

An interesting observation can be made by comparing case (v) to the baseline case (i)
which is the non-focussed, uniform heat transfer coefficient scenario. Case (i) has the
steepest temperature gradients which are directed outwards from the centre. This indicates
that there is high lateral conduction across the IHS, where the spreader is conducting heat
across the full extent of the spreader, since convection is occurring to the edge of the
spreader in this scenario. Conversely, for case (v), the optimum convective heat transfer
coefficient distribution ostensibly insulates the spreader over a large portion of the area
(Figure 2.6(a)), forcing the heat to be dissipated in the central region. Here, dT/dx ~ 0 in the
outer regions of the IHS on both the top and bottom surfaces, as seen in Figure 2.7, such
that minimal lateral conduction is occurring to the peripheral region, since there is no
convective means to dissipate the heat. The consequence, however, is that the most
uniform temperature gradient at the heat source (ATmaxmin = ATmax-min, case () = -9.4 K) is
attained at the sacrifice of having increased Tayg and Tmax levels compared to the baseline,
as shown in Figure 2.8. Here, Tmax-Tmaxcase () = 1.3 K, and Tavg-Tavg,case () = 4.5 K, both being
detrimental in terms of overall performance.

Of the four optimisation cases studied, minimising Tayg (case (iv)) results in the least
concentrated convective heat transfer coefficient distribution. Like the baseline case (i), the
top and bottom temperature profiles are such that the slope is continuously negative and
decreases monotonically from the geometric centre of the spreader to a slope of zero at the
edge, owing to the adiabatic boundary condition imposed there. Unlike the baseline, the top
surface temperature for case (iv) is suppressed in the central region owing to the elevated
heat transfer coefficient, whilst both the top and bottom temperatures are sustained to a
higher magnitude of 8 in the far field, owing to the diminishing, yet non-zero, heat transfer
coefficient. Thus, minimising Tayg requires a balance between increasing the convective
heat transfer in the heated zone of the source whilst maintaining a degree of lateral

conduction and subsequent convective cooling to the edge of the spreader. Overall,
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performance improvement over the baseline is reasonably good, with a 1.8 K drop in
average temperature, with the added benefit of the maximum temperature and temperature
gradient both improving by about 3.2 K.

Based on the evidence provided in Figures 2.6 - 2.8, case (ii), the multi-objective
optimisation case which minimises each of the objective functions ATay, Tmax and
ATmax-min, Can be said to be the best performing scenario. For this specific distribution
function and under the prescribed conditions and constraints defined here, it strikes the best
balance across all criteria for minimising temperatures across the heat source. The
associated heat transfer coefficient distribution depicted in Figure 2.6(a) is between the
extremes cases (iv) and (v) i.e. the least and most concentrated respectively. Apparent from
the non-zero temperature gradients in Figure 2.7, lateral spreading is occurring to the edge
of the spreader which remains heated, with 0.3 < 8 < 0.8, in the far-field. This acts to sustain
convective cooling over the entire spreader and subsequently lower the overall magnitude
of the heat source temperature, consistent with case (iv) discussed above. Additionally, the
distribution peak remains concentrated enough to maintain high convective heat flux directly
above the heat source region, to the extent that the temperature gradient is slightly positive
on the top surface above the source (Figure 2.7(b)), signifying a reversal in the heat flow
direction in this region. This aids in mitigating excessive temperature gradients across the
source, consistent with case (v) discussed earlier. Figure 2.6(b) illustrates these points,
showing that the temperature distribution for case (ii) is reasonably concentrated in the
region where the heat transfer coefficient is high, promoting high convective heat flux, yet
sustains heating and associated convective heat flux, to the edge of the spreader. Figure
2.8 reinforces how the improvement of all three temperature objectives over the baseline
for case (ii) falls between the results for the Tmax and Tayg Optimised cases, cases (iii) and
(iv) respectively, indicating that the multi-objective optimisation scenario results in the best

balance of criteria to provide the optimum cooling performance.
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0.0 0.2 04 0.6 0.8 1.0
x/(L/2) — Heated surface (-)

(b) 1.0
0.9

0.0 0.2 04 0.6 0.8 1.0

x/(L/2) — Cooled surface (-)

Figure 2.7: Comparison of non-dimensional temperature profiles between the optimisation

cases across; (a) the heated surface and (b) the cooled surface for half the length of the

IHS.
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Figure 2.8: Improvement or detriment in temperature performance metrics for each

optimisation case compared to the baseline.

2.5. Conclusions

This case study has showed that the optimised non-uniform heat transfer coefficient
function can realise significant reductions in both the operating temperature and the
temperature gradients across the heat source compared with a uniform distribution. Other
key findings from this investigation were as follows:

1. The steepest heat transfer coefficient profile occurred when minimising AT max-min
and produced the lowest temperature gradient across the heat source for the given
heat flux, but at the cost of having overall higher average and maximum
temperatures. The steeper and narrower profile discouraged outward lateral flow of
heat, forcing transverse heat flow directly above the heat source. In fact, the lateral
flow of heat was directed inward towards the centreline of the IHS in this case.

2. An optimum distribution of the heat transfer coefficient occurred for the multi-
objective optimisation case where the objective functions Tmax, Tavg @and ATmax-min
were minimised simultaneously. This provided a single result that balanced the

gains achieved by each objective function individually.
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3. Of the three single objective optimisation cases considered, minimising the
maximum temperature of the heat source, Tmax, Was the best performing. Here, the
resulting heat transfer coefficient distribution and performance enhancement were
quite similar to the multi-objective optimum case. This potentially simplifies the

mathematical optimisation process.

Given the findings of this case study, subsequent chapters will focus on investigating
the practical means to produce the non-uniform distributions of the heat transfer coefficient
discussed in this case study via impinging liquid microjet array cooling, as it is capable of
achieving the magnitudes of local heat transfer coefficient as calculated by this study [51].
The arrangement of microjets can be configured as such to approximate the ideal Gaussian
style distribution of the convective intensity on the heat transfer surface of the IHS.
Concentrating jets around the centre of the IHS would generate a high convective intensity,
though the profile may be less smooth than the ideal case specified in this study due to the
high rate of cooling intensity drop off between successive jets in an array, resulting in
significant peaks and troughs. The inclusion of surface features such as pin fins or wells
may allow for the profile to be smoothed out and bring the distribution of convective intensity
closer to the ideal profiles illustrated in Figure 2.6. The following chapter will introduce
thermal hydraulics into the existing conjugate heat transfer analysis to develop a viable CFD
optimisation tool, with subsequent work applying this to a practical design case utilising real-

world CPU architectures to test the applicability of the developed workflow.
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Abstract

Chapter 3

Optimised Liquid Impinging Jet Arrays for
Cooling CPU Packages

Abstract

This study investigates the optimisation of the thermal-hydraulic performance of liquid
impinging jet arrays for cooling of concentrated heat sources with an integrated heat
spreader, mimicking a typical high-powered CPU package. Three heat source sizes were
investigated, namely 10 x 10 mm?, 15 x 15 mm?, and 20 x 20 mm?, all with a 1.3 mm thick
copper heat spreader. An automated optimisation workflow was developed in a CFD-based
environment to determine the ideal geometric design parameters of the impinging jet array
heat exchangers, with the objective functions chosen to minimise hydraulic power
consumption and/or minimise the overall thermal resistance, representing both single and
multi-objective optimisation strategies. The analysis showed that for maximising the heat
transfer performance only, the design tended to favour fewer closely spaced and higher
velocity jets that targeted a concentrated region within the footprint on the heat spreader
that was commensurate with the heat source. This focussed the high convective intensity
of the impinging jets on the central region of the heat spreader where the highest heat flux
levels exist. However, the high jet velocities incurred a comparatively high hydraulic
pumping power penalty. Conversely, when minimising both thermal resistance and
hydraulic power consumption simultaneously, the design favoured a much higher
population of lower velocity jets in order to mitigate the pressure drop and reduce the
hydraulic power. Here, despite the lower convective cooling intensity of the lower velocity
jets, the designs leveraged a much larger surface area of the heat spreader, which tended
to maintain high heat transfer performance with disproportionately lower hydraulic penalties.

This chapter corresponds to the publication [1].
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3.1. Introduction

The decrease in size and increasing power density of transistors and other integrated
circuit (IC) components and devices [2] has led to the need for improved cooling techniques
to achieve more effective heat dissipation and improved cooling system efficiency [3-5].
Thermal management has indeed become one of the major challenges facing
microelectronics packaging [6], since it ultimately impacts their overall performance and
reliability [7, 8]. Historically the main heat sink technology used for cooling higher-powered
electronic components is the forced air heat sink. However, as power and heat flux levels
continue to escalate, air cooling has and will continue to reach its limit. For example, Saini
and Webb [9] theoretically showed that for fan-fin type cooling of typical Central Processing
Units (CPUs), the heat flux limit is as low as 40 W/cm?, and this was recently confirmed
experimentally by Naduvilakath-Mohammed et al. [10]. As detailed in the author’s previous
work [11], commercial CPUs have already breached this limit, and there is no indication that
this trend will reverse. Furthermore, as air cooling is pushed towards its limit, other
undesirable characteristics such as excessive heat sink size, high levels of acoustic noise,
and increased fan power consumption become problematic [12-14]. Considering these,
there is increased motivation to move towards liquid cooled heat sinks, which are more
compact, operate quietly, are capable of significantly higher cooling intensities, and overall
consume significantly less energy [15, 16].

To date, microchannels remain the most investigated and commercially deployed liquid
cooling technology [17-20]. Microchannels direct fluid flow through parallel arrays of
channels, typically of widths between 0.25 mm - 0.5 mm. They can produce very low thermal
resistances owing to the high convective heat transfer coefficients associated with liquids
in low hydraulic diameter channels, together with the high surface area density created by
the channel walls. Some main disadvantages of microchannels are the limited choice of
low-cost micro-fabrication techniques, fouling and clogging, and high pressure drops, with

the latter also influencing the hydraulic power penalty.
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In practical high-power applications, such as CPUs, the semiconductor die area is
sufficiently small that Integrated Heat Spreaders (IHS) are required to increase the
convective surface area to achieve the required cooling performance. This creates a
conjugate heat transfer situation, where the convective and conductive heat transfer
mechanisms are coupled. Elliott et al. [11] recently showed that in typical CPU packages,
the concentration of the heat source on the underside of an IHS results in a comparable
concentration on the convection-side of the IHS, and this becomes progressively more so
as the convective cooling intensifies. Thus, despite the addition of a heat spreader, its
overall spreading efficiency is low, in the same way that classical fin efficiency deteriorates
with increased convective heat transfer coefficients. However, this work also showed that
conjugate heat transfer can indeed be leveraged to reduce the overall source-to-sink
thermal resistance with a non-uniform convective cooling intensity, ostensibly targeting
regions where the heat is concentrated [11]. Since microchannel heat sinks are a global
surface cooling technique, they are not well suited for this targeting of regions of high heat
concentration. Conversely, jet array impingement is ideal for hot spot targeting, since
concentrated cooling can be achieved simply by arranging the jets over areas of higher heat
flux [6]. In this way, the available coolant flow is utilised in the region where maximum
cooling is required.

Jet impingement cooling, whether single jets or arranged in arrays, can achieve
exceptionally high single-phase convective heat transfer coefficients [21, 22]. Compared
with microchannel-type designs, jet arrays rely on the fluid mechanics of the coolant delivery
to the surface, opposed to the use of surface features, to enhance the heat transfer.
Furthermore, jet arrays offer a broad design space, since the thermal-hydraulics are
sensitive to several geometric design parameters including jet population, jet diameter,
inter-jet spacing, and jet-to-target spacing [23-26]. A large body of work exists in the
literature addressing the sensitivity to these design variables in scenarios with uniform
heating of the target surface. However, to the best of knowledge, target cooling in a CPU-

type conjugate heat transfer scenario, whereby a concentrated heat source with attached
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heat spreader is considered, is relatively unexplored despite being alluded to [27]. Like all
heat exchanger designs, it requires careful balancing between the heat transfer and the
hydraulic penalties, such as pressure drop and pumping power [27, 28].

Designing thermal management systems for electronics packages requires that the
cooling system achieves or exceeds the required cooling target in order maintain safe
junction temperatures [29], whilst not requiring unnecessarily high energy consumption to
do so [21, 30]. This creates two interesting optimisation problems: one where maximum
cooling is achieved at an acceptable power consumption, and one where maximum cooling
and minimum power consumption are achieved simultaneously. For the problem considered
here, which involves targeted cooling of a high-powered CPU-type package with a
concentrated heat source with an IHS, the optimisation problem has the additional
complexities brought about by the interplay between the fluid mechanics, non-uniform
convective heat transfer, and conduction heat transfer in the IHS; all being sensitive to the
geometric design parameters of the jet array impingement heat sink. Furthermore, it is
unlikely that the design which maximises cooling will be the same as that which
simultaneously minimises the required hydraulic power consumption, and this adds another
level of complexity to the design problem. This is further exacerbated by the fact that there
is a diverse range of CPU package design architectures, including but not limited to different
die sizes, locations, shapes, and power levels. All these add up to a commensurately broad
range of optimum jet impingement array heat exchanger designs, in the sense that there is
no ‘one-size-fits-all’ optimal solution to address the range of commercial CPUs, and the
same can be said about other high-powered electronics packages such as IGBTs.
Considering the above discussion, it is clear that advanced simulation-based approaches
are best suited for this type of heat exchanger design problem, in particular if an automated
optimisation workflow can be developed that enables customisable input geometries for
different electronics packages.

The objective of the present investigation is to deploy a simulation-driven design

workflow for the optimisation of liquid jet array impingement heat exchangers for the cooling
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of concentrated heat sources requiring Integrated Heat Spreaders (IHS). To demonstrate
the optimisation design process, a range of heat source sizes typical of commercial CPUs
is investigated, all with a copper IHS. The objective functions of interest for this optimisation
problem are the maximisation of cooling intensity and minimisation of hydraulic pumping
power. The sole thermal objective function considered in this study is the minimisation of
the maximum temperature. This decision is informed by the findings of Elliott et al. [11],
which demonstrate that minimising the maximum temperature across a surface inherently
leads to concurrent reductions in both the average temperature and temperature gradients.
This relationship simplifies the optimisation process by reducing the total number of
objective functions required in a single study, thereby decreasing complexity and the
associated computational effort. To illustrate the design method, both single (cooling
intensity) and multiple objective (cooling intensity and hydraulic power) optimisation
processes are compared and contrasted, both in terms of the overall thermal-hydraulic
performance and underlying fluid mechanics and heat transfer, since they result in distinct

heat exchanger designs.

3.2. Experimental Study

3.2.1. The Baseline Cold Plate

This study aims to optimise jet array impingement heat transfer for concentrated heat
sources using a Computational Fluid Dynamics (CFD) approach. In order to verify the
accuracy of the CFD model, experiments were performed to emulate a CPU package with
a semiconductor die as the single concentrated heat source, an Integrated Heat Spreader
as the lid, and a liquid cooled impingement jet array coldplate. As noted by the author’s
previous work [11], a centralised heat source is most effectively cooled by having a higher
concentration of the heat transfer coefficient directed towards the projected region of the
heat source. Considering this, the standard baseline orifice design selected for experimental

verification was one which approximately covered the heat source projected area.
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The basis for the heat exchanger used in this study utilised a modified Nexalus Enflux™
manifold, which contains an integrated orifice plate that can be interchanged to allow for
testing of different jet array designs. The coldplate design of the TTV was similarly taken
from the Enflux™ design, as this is a commercially available heat exchanger with
applications on data centre servers and similar, therefore provided an excellent bassline for
this optimisation case given the projected application of this workflow being in CPU thermal
management in such applications as data centre servers. Table 3.1 presents all key
geometries present on the cold plate heat exchanger used for the experimental study, which
subsequently influence the geometry of the CFD model. Figure 3.1 presents the baseline
jet orifice plate used for testing, sectioned and housed within the full coldplate heat
exchanger assembly.

The cold plate element of the heat exchanger consisted of a 50 x 50 x 1.3 mm? base
as per the commercial design, which here doubled as a heat spreader, with an attached
heated meter bar neck to extrapolate junction temperature via three thermocouples spaced
at equidistant intervals across the vertical height of the neck. The orifice plate was
positioned between the manifold and the Thermal Test Vehicle (TTV) and was fabricated
using a 3D printing process. Consequently, the sharp-edged nozzle inlets incorporated into
the subsequent CFD simulations were subject to manufacturing constraints, resulting in an
edge radius of approximately 20 ym. This limitation was dictated by the resolution of the
Elegoo Saturn 3 resin printer employed for producing the orifice plates.

The baseline orifice design consisted of an array of 49 circular jets, of nozzle length 1.8
mm, arranged in a 7 x 7 inline square array, with a constant diameter of 1.0 mm which were
equally spaced with an inter-jet pitch, S, of 2.25 mm, with a jet-to-target distance, H, of 1.7
mm. The inlet/outlet channels of the manifold had an internal diameter of 10 mm, in line with

the internal diameter of the piping used to connect the flow loop.
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Table 3.1: Baseline cold plate heat exchanger key dimensions

Geometric Parameter Abbreviation Value Units
Jet nozzle diameter D 1.0 mm
Nozzle length Lnozzie 1.8 mm
Manifold inlet diameter Dinet 10 mm
Jet pitch S 2.25 mm
Jet-to-target height H 1.7 mm
IHS surface area As 50 x 50 mm?
IHS thickness d 1.3 mm
Number of jets N 49 -

(a) Fluid Manifold

Upper Plenum

Fluid Outlet

Lower Plenum

Orifice Plate
Fluid Inlet

TTV Assembly

/ Ceramic Heater

Awns

Figure 3.1: (a) Sectioned view of TTV and attached liquid coldplate heat exchanger

assembly, (b) cross-sectional view of fluid manifold, highlighting key geometric parameters.
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3.2.2. Experimental Apparatus

As depicted in Figure 3.2, the main features of the test facility are a pumped liquid flow
loop, a liquid coldplate heat exchanger, and the Thermal Test Vehicle (TTV). The TTV,
shown in Figure 3.1, was designed to approximate the design and thermal loading of a
typical CPU. It consisted of an ultra-pure OFE copper (k = 395 W/mK) heated meter bar
with a lower neck region with square cross-sectional areas emulating a semiconductor die,
expanding to a 1.3 mm thick and 50 x 50 mm? wetted area top overhanging section, typical
of a CPU IHS. The TTV was made from a single piece of OFE copper to remove the TIM
between the cold plate and heated meter bar neck, thus simplifying the thermal stack, as
TIMs can significantly contribute to the uncertainty of the thermal resistance. Therefore,
having the TTV as a single piece increases the confidence in the experimental verification
of the CFD simulation by removing additional sources of uncertainty.

In Figure 3.1, the 15 x 15 mm? meter bar is depicted, though both of the 10 x 10 mm?
and 20 x 20 mm? TTVs were also fabricated and tested. Fixed to the base of each meter
bar was a 20 x 20 mm? ceramic heater. For the current experiments, the TTV assembly
could provide the target maximum power of Qps = 250 W to the attached liquid coldplate
heat exchanger. To measure the heat flux and temperature at the intersection of the meter
bar and IHS (representing the top of a CPU die), three 1.0 mm diameter sheathed T-type
thermocouples (+0.5°C) were spaced at equal intervals along the length of the meter bar
section of the TTV, inserted into holes that extended midway through the neck. To minimise
heat loss to the surrounding ambient air, insulation was applied around the TTV neck region,
positioned between the base of the TTV bracket, which secures the heat source in place,
and the cold plate base. Since the junction temperature was the sole thermal parameter
recorded in this investigation, heat losses to the outer regions of the heat spreader and the
bracket beneath the heat source were deemed negligible. This assumption was validated
by the subsequent CFD optimisation results, which showed no measurable influence from

these losses on the recorded performance metrics.
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As depicted in Figure 3.1, the liquid coldplate heat exchanger consisted of an upper
plastic manifold with an inlet port that supplied the coolant to an upper plenum. The
pressurised coolant was forced through a lower nozzle plate which contained the array of
jet orifices. The jets impinged directly on the top surface of the IHS and subsequently flowed
laterally in a lower channel region into a skirt-type outer plenum, and then exited through

the outlet port.

(@)

Figure 3.2: (a) Schematic of experimental test facility and (b) close up of practical TTV

assembly.

Distilled water was used as the working fluid and was circulated through the flow loop
with a TCS M3000 micropump connected to a 2 Litre reservoir. The flow rate was controlled
by varying the voltage to the pump in tandem with a control valve for finer control when
appropriate, with the flow rate being measured by a Sensata Cynergy3 UF series ultrasonic
flow meter (10 L/min £ 3% RD). Omega PX26-015DV wet/wet differential pressure meters
(100 kPa = 0.25% FS) were used for pressure drop measurements, indicated in Figure 3.2.
To account for any drift experienced during this study, the pressure sensor calibration was
checked before each series of tests. It was found during the experimental tests performed
for this study that no offset correction was required.

For this investigation, a fixed liquid inlet temperature to the coldplate of 35°C was used,

which was controlled using a compact brazed heat exchanger connected to a Julabo Presto
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A40 microprocessor-controlled chiller. The water temperature measurements indicated in
Figure 3.2 were measured using sheathed T-type thermocouples inserted into the flow via
compression fittings. All temperatures in the test facility were calibrated against an ASL
F100 RTD reference probe (x0.2°C)3. A National Instruments Data Acquisition (DAQ)
system was used to record the temperature, pressure and flow rate readings, used in
conjunction with the National Instruments LabVIEW software. The experimental procedure
involved allowing sufficient time to achieve steady state conditions and subsequently
recording the temperature, pressure and flow rate measurements. The heat source
boundary conditions involved a test range of 50 - 250 W input heater powers in 50 W
intervals. Tests were conducted across a flow rate range of 1 to 6 L/min, in increments of 1
L/min, corresponding to inlet velocities into the manifold between 0.21 m/s and 1.2 m/s
(Re = 3000 - 17600) for a 10 mm diameter inlet. For the baseline configuration comprising
49 jets, the jet nozzle exit velocities ranged from 0.43 m/s to 2.6 m/s, translating to jet
Reynolds numbers between 600 and 3600. These Reynolds numbers indicate turbulent
inlet flow conditions, with the presence of vortical structures in the inlet manifold being likely.
Consequently, asymmetric inflow to the jet nozzles is anticipated, with potential flow

separation occurring in some nozzles due to the sharp-edged inlet geometry.
3.2.3. Data Reduction

As discussed, the heated meter bar technique [31] used here allowed for the
measurement of both the thermal power, Qxs, and temperature at the intersection of the
meter bar and base of the IHS, here denoted as the junction temperature, T;. Assuming
one-dimensional conduction, Qs can be determined from,

dT
Qns = —kAhsa (3.1)
where k is the thermal conductivity of the ultra-pure OFE copper, Ars is the cross-sectional

area of the neck section, and dT/dx is the measured temperature gradient, determined by

3 For information on the experimental apparatus calibration, see Appendix B
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linear regression of the three temperature measurements along the length of the meter bar.
The junction temperature was calculated by linear extrapolation of the temperature gradient,

such that,

aTr
T, =T+ (x, — x;) (a) (3.2)

where T is the temperature of the thermocouple closest to the IHS of the copper block, and
Xt — X is the vertical distance from the T; measurement location to the meter bar — IHS
intersection. The value for each measured parameter was taken from the average of the
dataset collected for each thermocouple, taken over 5 minutes intervals, following an initial
20 minute settling period at the beginning of each test to allow for temperature stabilisation.
Thermal steady state was assumed when the variation in temperature measurements was
no greater than 0.5°C after 50 readings. Following thermal stabilisation, readings were
recorded at one second intervals, i.e. a sampling frequency of 1 Hz, resulting in a sample
size of 300 for each thermocouple after each test run.

The overall die-to-coolant heat transfer coefficient, U, was calculated using the Log-

Mean Temperature method suggested by Webb [32] for these electronics cooling type

scenarios,
AT, — AT,
Qns = UAp; TTZ = UApsAT )y (3-3)
In (A_Tl
such that,
th
U=—"— (3.4)
ApsATy

where AT.m is the Log-Mean Temperature Difference assuming a uniform surface
temperature; ATy = T;-Tin, and AT2 = T;-Towt. The overall heat transfer coefficient thus
includes the contributions of heat spreader and the convective heat transfer to the overall
thermal conductance between the heat source and heat sink. The average exit velocity of
the flow through each jet, Viet, and hence the jet Reynold’s Number, Rejt, are defined as

[26]:
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4y

Viet = NaDZ (3.5)
V... D
Rejer = J?f (3.6)

where V is the volumetric flow rate of the fluid entering the cold plate manifold, v is the
kinematic viscosity of the fluid and N is the number of jets on the orifice plate. The hydraulic
power of the coldplate heat exchanger can this be determined as,

P, = VAP (3.7)
where AP is the pressure drop across the coldplate.
3.2.4. Uncertainty Analysis

The method described by Kempers and Robinson [31] for determining the uncertainty
on the heat flux and junction temperature when using the heated meter bar was used in this
work. This method uses a Monte Carlo technique to combine the uncertainties associated
with the spatial and temperature errors for multiple readings that are combined into a single
parameter by regression analysis, specifically here the temperature gradient, dT/dx used in
Egs (3.1) and (3.2). To perform a Monte Carlo analysis, probability distributions are
assigned to all of the measured quantities with associated uncertainties required for
calculating the temperature gradient which, in this case, are the positional and temperature
measurements of the thermocouples located within the TTV neck. Random sampling is
employed to generate a dataset of input values spanning the uncertainty ranges of the
measured parameters. For this study, a total of 10,000 input data points were generated,
ensuring comprehensive coverage across the defined uncertainty ranges of each
parameter. The statistical outputs, including the mean, standard deviation, and confidence
intervals, were subsequently determined for each parameter. A confidence level of 95%
was adopted for this analysis, aligning with the standard interpretation of uncertainties under

a Gaussian normal distribution framework.
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The uncertainty in each derived quantity (Eq. (3.1), (3.4) - (3.7)) was calculated using
the method of Kline and McClintock [33]. Denoting each measurement by x and the
uncertainty in the measurement Unc;, the uncertainty on derived parameter Z is Unc;,

calculated by,

Unc, = (i [g—f Uncir) (3.8)

Experimental uncertainties on all measurements are listed in Table 3.2, whilst
uncertainties on derived parameters are presented in Table 3.3 for a range of flow rates and
a fixed heat transfer rate of 250 W*. It is worth noting that the relative error on the overall
heat transfer coefficient increases with increased flow rate, and this is primarily due to the
diminishing difference in temperature between T; and the coolant. Regardless, the

uncertainty remains acceptably low even at the highest flow rate.

Table 3.2: Measurement errors

Error (Absolute) 1LPM 3LPM 6 LPM
T; (°C) 0.6 0.6 0.6
AT (°C) 0.9 0.9 0.9

V (L/min) 0.03 0.09 0.18

AP (Pa) 17.5 85.0 250.0

Table 3.3: Relative uncertainty on derived parameters

Relative Error (%) 1LPM 3LPM 6 LPM
Qs 25 25 25
u 3.7 4.5 5.0
Viet 3.7 3.7 3.7
Rejet 4.1 4.1 4.1
P 6.8 4.6 4.0

4 For an example of the propagation of errors for a derived parameter, see Appendix C

103



Optimised Liquid Impinging Jet Arrays for Cooling CPU Packages

3.3. Numerical Simulations

3.3.1. Computational Domain and Governing Equations

A representation of the computational domain for the 15 x 15 mm? simulation case is
depicted in Figure 3.3, showing both the fluid and solid subdomains. In this example it is
geometrically the same as the system shown in Figure 3.1, except the region where heat is
applied is shortened to reduce computation time. For the CFD verification study, the heat
source material was copper, whereas for the optimisation study it was silicon. It is noted
however that for the optimisation study discussed, the orifice plate design varies since the
number of jets, jet diameter, jet-to-jet spacing, and jet-to-target spacing are the chosen
design parameters.

The simulation model developed in STAR-CCM+ employed a steady-state, coupled
implicit solver to manage pressure-velocity coupling, ensuring robust and efficient
computation, with a second-order upwind discretisation scheme implemented to enhance
accuracy in resolving flow gradients, particularly in regions of steep variations. The
convergence criterion for iterative solvers was defined by a residual threshold of 10,
ensuring a high level of solution precision. Automatic initialisation was utilised to establish
the initial solver conditions, streamlining the setup process and providing a consistent
starting point for all simulations. The maximum iteration count for the simulations was set
to 1500 steps, ensuring sufficient room for convergence while maintaining computational
efficiency. Simulations were programmed to terminate upon reaching this iteration limit if
convergence of all residuals was not achieved. This measure was implemented to prevent
excessive delays in completing the optimisation process across all feasible design points.
Non-convergent cases were anticipated primarily for extreme orifice geometries, which
were unlikely to fall within the optimal design regions for either of the objective functions
considered in this study. Such geometries would likely induce significant pressure drops
across the manifold, prolonging convergence and rendering these configurations

impractical within the scope of the optimisation analysis.
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Figure 3.3: (a) Sectioned view of computational domain, depicting both fluid and solid
subdomains, (b) lllustration of computational mesh with highlighted localised mesh regions

and insert of boundary layer meshing.

Within the fluid domain, the steady-state conservation equations for mass, momentum,
and energy are solved using the commercial software package STAR-CCM+. These are
expressed as follows [34-36]:

Conservation of mass:
V.u=0 (3.9)

Conservation of Momentum:

VP 1 _
u-Vu=—7+;(V-uVu)—(u’-Vu’) (3.10)
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Conservation of Energy (Fluid):

1 keVT
u.VT==|v- (3.11)
p Cp
Conservation of Energy (Solid):
k VT
V- ( s > -0 (3.12)
CP

where u refers to the velocity of the fluid, u’ is the velocity fluctuation component due to
turbulence, p is the fluid density, P is the pressure, u is the dynamic viscosity and T is the
temperature. Additionally, k is thermal conductivity, and C, is specific heat capacity. Owing
to the turbulent nature of the flow it is imperative to use an adequately accurate turbulence
model when applying the Reynolds-Averaged Navier-Stokes (RANS) approximation. For
this investigation, the SST (Shear-Stress Transport) k-w turbulence model was found to be
adequate and will be discussed in more detail in a following section. Viscous heating was
not considered, as for the expected range of impinging jet arrays, the Brinkmann number
remained less than unity. The Brinkmann number is defined as the ratio of viscous heat

generation to conductive heat transfer within a fluid flow [37], and is given as,

pu?

Br =
" T kAT

(3.13)

where AT is the temperature difference between the heat transfer surface and the inlet fluid
temperature.

The boundary conditions for the CFD model are as follows; a uniform heat transfer rate,
representative of the heat produced from the cores of a CPU, was applied to the heat source
base. The input heat transfer rate was held at 250 W (111 W/cm?), representing the
maximum power tested during the experimental testing. An environmental pressure
boundary condition was applied at the outlet nozzle, whilst a volumetric flow rate was
applied at the inlet, which was extended by 25 mm at both the inlet and outlet of the manifold
to ensure developed flow, with an applied turbulence intensity of 5% and a turbulence length
scale of equal magnitude to the inlet diameter. For the verification study, the flow rates were

varied between fixed flows of 1 - 6 L/min to replicate the flows investigated during the
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physical experiments. For the optimisation study, the flow rate was dictated by a fan/pump
boundary condition within STAR-CCM+, dictated by a pump curve typical to that of pumps
used in closed-loop liquid cooling systems, specifically here the TCS M500 series
micropump. This boundary condition dictated the flow rate for each orifice design,
dependent on the pressure drop across the fluid manifold, which varied for each new jet
configuration i.e. the specific orifice design dictated the operating point on the pump curve
from which the flow rate is determined. For the chosen pump, the pump curve is adequately
described by the following function;

AP = —8.65V + 69.13 (3.14)
where the flow rate is in L/min and pressure drop in kPa. Thus, the maximum static pressure
of the pump is 69.13 kPa and the maximum flow rate is 8 L/min. The maximum hydraulic
power of this pump is Ppmax= 2.34 W, which occurs at an operating point of AP = 35.4 kPa
and V = 4.0 L/min. No-slip boundary conditions were applied to all other contact surfaces of
the fluid domain. No conditions of symmetry were applied to the model as this approach
also anticipates the evaluation of non-uniform and/or non-centred heat sources in future

studies.

3.3.2. Meshing and Mesh Independence

STAR-CCM+ utilises both surface and volume meshing strategies, and in this instance
a main polyhedral mesh was used with an underlying tetrahedral layer, which are better
suited for heat transfer and swirling flow regimes compared to a purely tetrahedral mesh
[38]. Advanced layer meshing was also utilised which generates prismatic cell layers next
to wall boundaries, which are of particular benefit for capturing boundary layers at the
solid/fluid interfaces [39].

In order to ensure maximum accuracy around the impinging jets, a localised mesh
region was created to better capture the turbulence and high gradients in the region where
the jets impinged on the target surface. Two regions of localised mesh were created. The

first covered the volume immediately surrounding the jets. This region had the highest mesh
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density with cells being no larger than 0.125 mm. The second, less dense region covered
the source/spreader assembly at a sufficient height from the wall into the fluid domain to
ensure adequate accuracy in the fluid boundary layers and maintain a y* value of
approximately 1, with the solid-fluid interface boundary mesh consisting of 10 layers for a
total height of 0.15 mm, with prism layer stretching set at 120%. This results in . The
localised volumes were positioned centrally and considered the underside of the heat
source as the origin point (see Figure 3.3), providing ample room to model all possible jet
configurations within the optimisation range and the immediate downstream flow region.
Due to the variable jet nozzle diameters considered for optimisation, the boundary mesh
surrounding the nozzles needed to be tighter to the nozzle walls, as for the smallest
diameters these boundary prism layers could result in non-conformal mesh cell generation
within the nozzle if the boundaries occupied too much volume within the nozzle.
Consequently, the prism layers within the nozzle were reduced to a maximum total height
of 0.10 mm across 10 layers, again with 120% prism layer stretching, to maintain the y*
value required for sufficient accuracy at the nozzle boundaries.

A mesh independence study was carried out by incrementally increasing the mesh
density until the key variables converged adequately. The mesh independence study was
carried out using the baseline design depicted in Figure 3.3 for the highest flow rate of 6
L/min. Table 3.4 indicates that a mesh of approximately 3.4 million cells was sufficiently
dense, since the difference between tracked variables (overall pressure drop and junction
temperature shown here) was less than 1% with the next highest mesh count. The Grid
Convergence Index is also included, as defined in the previous chapter using [40]. The
consistent decrease in GCI across mesh levels supports asymptotic convergence, with grid

independence confirmed with the GCI dropping below unity.
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Table 3.4: Mesh independence study

Parameter | | ] v \"/ Vi Vi

No. of elements (x108)  0.50 1.09 1.74 2.25 256 3.02 3.40

T; diff. (%) - 4.50 4.32 3.93 3.47 1.81 0.08
AP diff. (%) - 16.75 2.41 2.81 1.10 0.86 0.82
GClI - - 27.01 17.03 1544 145 26x10°

3.3.3. Simulation Model Verification

The first stage of the CFD simulation model verification was to independently determine
the correctness of implementing the SST k-w turbulence model. Simulations were thus
conducted to compare against the CFD study of Yang et al. [41], who themselves verified
their simulations against the experimental results provided by Goldstein and Behbahani
[42]. Figure 3.4 illustrates the STAR-CCM+ model developed using these boundary
conditions, highlighting the jet's flow velocity profile under crossflow conditions. These
works considered a single, free, turbulent air jet entering a crossflow channel and impinging
onto a heated surface, with data presented in terms of the local Nusselt number distribution.
The jet was characterised by an inlet Reynolds number of 78,300 and a jet-to-crossflow
velocity ratio of 5.8, corresponding to a crossflow velocity of 16.6 m/s. The jet nozzle
diameter was 12.7 mm. The computational domain represented a wind tunnel with a
rectangular cross-section, measuring 20.32 cm in width, 15.24 cm in height, and 114 cm in
length. Centrally positioned on the tunnel's top wall, the jet nozzle created a jet-to-target
height-to-diameter ratio (H/D) of 12. The impingement surface at the tunnel base was

heated with a uniform heat flux of 1200 W/m?2.
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Figure 3.4: Flow velocity contour of Goldstein & Behbahani [39] impinging jet in crossflow.

Although the jet Reynolds number in this example significantly exceeds those
anticipated in the current study, the works of [41] and [42] were selected for turbulence
model validation. These studies uniquely address the combined challenges of a turbulent
impinging jet under crossflow conditions and a heated target surface, providing the only
comprehensive example of this type in existing literature. Most other cases focus on isolated
aspects of the problem. Therefore, this dataset was deemed the most suitable reference for
validating the CFD tool, ensuring alignment with the expected flow behaviours pertinent to
the present investigation.

The STAR-CCM+ simulation results adequately agree with both earlier simulation and
experimental studies when the SST k-w turbulence model is implemented. To illustrate the
importance of modelling the turbulence correctly, identical simulations were carried out
using the k-¢ turbulence model. As seen in Figure 3.5, this strategy did a poor job at
predicting the published data, particularly showing an unrealistically weak influence of the
crossflow on the heat transfer. Overall, these findings are consistent with previous literature
[43-45] giving further evidence to support the conclusion that the SST k-w turbulence model

is appropriate for modelling jet impingement heat transfer®.

5 For additional detail on numerical verification, see Appendix D.
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Figure 3.5: Comparison of average Nusselt number vs horizontal displacement for a single
impinging jet in crossflow between present work and previous literature [41, 42] for both the

SST k-w and k-¢ turbulence models.

The second stage of the simulation verification was to compare the numerical
predictions against experimental data for the baseline impinging jet orifice configuration as
detailed previously. Considering the discussion above, only the SST k-w turbulence model
was implemented. Both the junction temperature and pressure drop experimental and
simulation results are shown in Figure 3.6 for a heat transfer rate of 250 W and flow rates
between 1 - 6 L/min. Experimental data was gathered for the three investigated heat source
concentrations. Table 3.5 provides the specifics of experimental versus CFD deviation
across the range of investigated heat source concentrations, as well as the absolute mean
average deviation. Clearly, the simulation model accurately predicts both the thermal and
hydraulic experimental data, with a maximum 2.6% discrepancy for the junction temperature
and a maximum 8.2% for the pressure drop. Overall, it is concluded that the CFD simulation
model is sufficiently accurate and can be used with confidence in the forthcoming

optimisation study.
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Figure 3.6: Comparison between numerical and experimental data for (a) junction

temperature and (b) pressure drop.

Table 3.5: CFD deviation from experimental data

Deviation (%) Minimum Maximum Mean Average
10 x 10 mm? 0.59 2.81 1.32
T 15 x 15 mm? 0.90 2.56 1.16
20 x 20 mm? 0.40 1.78 0.90
AP -4.31 8.22 5.19
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3.3.4. Multi-Objective Optimisation

An automated optimisation workflow process was established in Siemens NX which
integrated three separate software packages: NX CAD for modelling the variable design
geometries, STAR-CCM+ for the CFD simulations, and the Hierarchical Evolutionary
Engineering Design System (HEEDS) for the optimisation. The embedded CAD feature of
Siemens NX enabled the creation of 3D geometries with variable geometric features, which
was imported automatically into STAR-CCM+ to perform the CFD simulations. HEEDS
acted as the optimisation interface, whereby it imported and post-processed simulation data
based on the selected optimisation goals. HEEDS then updated the geometric parameter
information in NX CAD which initiates the next CFD simulation in STAR-CCM+.

In this investigation, the automated process was utilised to optimise the jet array
impingement heat exchanger for the concentrated heat source with the integrated heat
spreader. Specifically, Figure 3.7 shows the geometric variables investigated during the
optimisation; the jet-to-jet spacing ratio (S/D), the jet-to-target ratio (H/D), the total jet
population (N), the jet diameter (D) and the heat source area (Axs). These variables were
assigned the designations of A, B, C, D and E respectively and Table 3.6 presents the
investigated ranges for each. It is reminded here that the achieved flow rate for each design,
and subsequently the heat transfer performance, depended on the pressure drop
characteristic since the inlet flow boundary condition was subject to the selected pump
curve. The thickness of the IHS remained constant throughout this optimisation analysis, as
its inclusion did not change the outcome of developing an optimisation design workflow for
a heat exchanger, in addition to adding computation time and effort to existing optimisation.
However, the CFD model was constructed so that this parameter could be easily added to
the existing optimisation workflow. This is also the case for other elements that may be of
use in the future to investigate as part of a multi-objective optimisation, such as variable jet
spacings and diameters, as well as material properties such as non-isotropic thermal
conductivity of the solid heat spreader. As such, the arrangement of jet nozzles on the orifice

pate were confined to equidistant square arrays for this study.
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Figure 3.7: Sectioned baseline orifice plate, highlighting geometric variables for

optimisation.

A key goal of the present study was to develop and deploy an automated Multi-
Objective Optimisation (MOO) design process for jet array impingement coldplate heat
exchangers. The optimisation targets were to generate the designs that simultaneously
maximised the cooling effectiveness and minimised the energy consumption. To realise
this, two objective functions were selected, specifically the maximum junction temperature,
T;, and the pumping power, P,, with the goal being to minimise both. The junction
temperature, defined at the interface between the heat source and heat spreader, was
selected as the thermal boundary condition for this study as this approach allows for direct
measurement from the CFD simulations, thereby streamlining the optimisation process by
eliminating the need to compute a derived parameter with each design iteration. With the
objectives selected, the HEEDS optimisation software coordinated the parameter
optimisation process with the SHERPA hybrid and adaptive algorithm.

The SHERPA (Simultaneous Hybrid Exploration that is Robust, Progressive, and
Adaptive) algorithm represents a hybrid optimisation methodology specifically designed to
efficiently navigate complex, high-dimensional design spaces. By dynamically adjusting its
search strategy in response to the characteristics of the problem, SHERPA achieves
adaptability throughout the optimisation process. The algorithm integrates multiple

optimisation techniques to effectively balance the exploration of the search space with the
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exploitation of identified promising regions. SHERPA employs a combination of stochastic
methods for broad exploration, gradient-based techniques for local refinement, evolutionary
algorithms to manage multimodal landscapes and maintain diversity, and response surface
models to approximate objective functions that are computationally expensive to evaluate.
During the optimisation process, SHERPA adapts the relative contributions of these
constituent methods based on their observed performance, ensuring efficient allocation of
computational resources [46].

One of SHERPA'’s key advantages is its ability to evaluate multiple candidate solutions
concurrently, leveraging parallel computing capabilities to accelerate the search process.
By progressively refining its exploration based on intermediate results, the algorithm
demonstrates an enhanced capability to converge effectively towards optimal or near-
optimal solutions. Notably, the adaptive framework of SHERPA requires minimal user-
defined inputs beyond the specification of design parameters and objective functions, as it
autonomously adjusts its internal variables to optimise performance. This feature simplifies
its application while maintaining robust optimisation capabilities across diverse and

challenging design problems.

Table 3.6: Optimisation geometric variables

Parameter Description Unit Range
A: S/D Jet spacing ratio - 1.17-6.5
B: H/D Jet-target ratio - 0.17-5.5
C: N Jet population - 9-169
D: D Jet diameter mm 05-1.5
*E: Ans Heat source area mm? 100 - 400

* The surface area of the heat source is a non-independent variable, and not a parameter

for optimisation.
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3.4. Results and Discussion

3.4.1. Thermal-Hydraulics of Baseline Design

As mentioned earlier, jet array impingement thermal-hydraulics in this CPU-type
scenario that includes a concentrated heat source and IHS is relatively unexplored. To
illustrate the behaviour as well as to provide a scenario to which other design configurations
can be compared and contrasted, the baseline design for the mid-concentration Ans = 15 x
15 mm? heat source will be described in some detail. As listed in Table 3.7, this design
results in an overall source-to-sink heat transfer coefficient of U = 46,879 W/m?2K with a flow
rate of 6.67 L/min.

Figure 3.7 illustrates the sectioned profiles of fluid velocity, heat spreader temperature,
pressure, and vorticity fields respectively. As can be seen from Figure 3.8, fluid enters the
upper manifold of the heat exchanger through the inlet port as a moderate velocity (1.4 m/s)
jet and decelerates within the chamber. The moderate velocity and deceleration as it
expands in the upper chamber is sufficient to pressurise the manifold above the jet orifice,
and Figure 3.7 shows that the chamber pressure is relatively uniform. This equalisation of
pressure above the jet orifices ensures a relatively unform distribution of flow across the
jets, with average velocities in the region of 3 m/s for the baseline case considered here.

Considering the central jet in Figure 3.8, the flow above the orifice is nearly stagnant
and a near ideal symmetrical jet issues into the lower gap region. It is clear from Figure 3.8
that the constriction of the flow at the orifice entrance is the primary contributor to the total
pressure drop, which is AP = 10.8 kPa for the baseline design. The sharp edges of nozzle
contribute to this, evidenced by the high vorticity generated in this region (Figure 3.8), which
creates a mixing layer along the wall region within the nozzle, as discussed by Davis et al.

[47].
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Table 3.7: Baseline numerical simulation results

Parameter Value Orifice CAD
S/D 2.25
H/D 1.70

N 49

D (mm) 1.00

Viet (M/S) 2.89
Rejet 3,990

Ar 0.93

T; (°C) 58.70
AP (Pa) 10,815

V (L/min) 6.67

Py (W) 1.20
U (W/m2K) 46,879

Upon exiting the nozzle, the jet is issued into the lower gap region at an average jet exit
velocity of 2.9 m/s. The associated Reynolds number is Rejt = 3990, signifying fully
turbulent flow. Upon entering into the confined lower chamber, the jet-to-target spacing of
H/D = 1.7 is low enough for there to be low entrainment and subsequent spreading of the
jet prior to impact on the surface. The higher vorticity observed at the outer edge of the
issued jet in Figure 3.8 is primarily from the shear layer formed within the nozzle, which
subsequently impacts the region encompassing the impingement zone on the surface. The
end result is that the potential core of the jet remains intact upon impact with the surface,
clearly defining the impingement zone of approximate diameter of the jet nozzle, as signified
by the high stagnation pressure region in Figure 3.8. The rise in pressure in the stagnation
region creates a horizontal pressure gradient to form the wall jet, which spreads radially
outward along the surface, as seen in the Figure 3.8. Here, the flow accelerates and the
rapid directional change of the flow results in high near-wall vorticity. Owing to the relatively
close spacing of the jets, at S/D = 2.25, the wall boundary layer of the central jet impacts
that of its neighbours with enough inertia to create the up-washing fountain effect seen in
Figure 3.8. This forms a region of flow recirculation at the approximate midpoint between

the jets.
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As the central impinging jet contacts the solid surface of the heat spreader, it generates
a distribution of convective heat flux that correlates to the intensity of the convective heat
transfer (Figure 3.9). This associates with the different fluid flow zones of the impinging jet,
and thus varies in the outward direction from the central stagnation point. However, this is
a conjugate heat transfer problem, where the intensity of the convective heat transfer
influences the conduction in the solid, which together determine the net local convective
heat flux at the surface. To illustrate this, Figure 3.9 shows the ratio of convective heat flux
at the upper surface (Q") to the applied uniform heat flux at the lower surface (Q"hs = 111.1
W/cm?). This highlights regions where the fluid mechanics influence change in the local
convective heat transfer intensity, including conjugate heat transfer effects. Generally
speaking, if Q" / Qs decreases, it signifies a transition to a region of lower convective heat
transfer intensity. Since this causes the local solid temperature to increase, it creates a
temperature gradient and lateral heat flow in the solid phase towards the higher convective
intensity region of lower temperature.

Figure 3.9 shows that the distribution of heat flux for the central symmetric jet is similarly
symmetrical. The central stagnation zone is characterised by an extremely thin thermal
boundary layer where the high velocity potential core impacts the surface and results in a
high convective heat transfer intensity region, which is well known in the literature, e.g. [48].
The observed heat flux at the central stagnation point approaches that of the applied heat
flux at the source, though remains less than the surrounding region for reasons to be
discussed. Beyond the central stagnation region, a thin outer ring of proportionately high
convective intensity (Q";/ Q"ns > 1) exists, located approximately between one third and half
the diameter of the nozzle. This region coincides with the point of minimum flow velocity,
which signifies the leading edge of the wall jet. Pamadi and Belov [49] observed such peaks
outside of the central stagnation point for high confinement (low H/D) jets, and attributed it
to the development of the wall jet causing thinning of the thermal boundary layer, which is
consistent to what is observed here. It has also been shown in other studies, e.g. [50], that

this peak is not present for jets with low confinement (high H/D), indicating that the level of
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confinement is a contributing factor. In the context of conjugate heat transfer, the high
convective intensity where the wall jet is forming causes a local depression in solid
temperature giving rise to horizontal temperature gradients in the solid near the surface.
This induces lateral conduction from the adjacent regions of lower convective intensity,
including the stagnation zone, which explains why Q"; / Qs < 1 here.

Moving outward from the peak heat transfer region of the central jet, the wall jet is
forming and is doing so symmetrically, as depicted in Figure 3.8. Here, the hydraulic and
thermal boundary layers develop and the convective heat transfer intensity diminishes as
expected [51]. However, the wall jet boundary layer development is occurring within the
projected area of the jet orifice, and is thus subject to the influence of the downward flow of
the main jet, including the mixing associated with the high vorticity shear layer. This
moderates the rate of boundary layer growth and heat transfer deterioration. Although lower
than the stagnation and peak zones, Figure 3.8 shows that high convective intensity is still
sustained, only to drop notably once the wall jet is beyond that of the main vertical jet. This
transition region is clear from Figure 3.8, where the near wall pressure drops sharply.
Beyond this, the wall jet boundary layer develops at a more rapid rate resulting in the
expected decay of the convective heat transfer intensity [52]. However, as seen in Figure
3.8, for this relatively low S/D scenario, the decay is stunted early owing to the wall jet
interaction with that of its neighbouring jets. As Figure 3.8 shows, the colliding wall jets
create the discussed up-washing of the fluid, resulting in the observed increase in the
convective heat flux in this region.

Moving outward from the centre jet, the flow profiles of the jets become progressively
less symmetric (Figure 3.8) and the resulting convective heat transfer intensity
progressively diminishes (Figure 3.9). Since the mass flow rate in the lower channel
increases with relative distance of the jets from the geometric centre of the array, so does
the crossflow velocity. The escalating crossflow progressively deflects the jets, making them
more oblique at the impact zone. As expected, Figure 3.8 shows that the convective heat

transfer intensity deteriorates as the degree of obliqueness increases, which is well known
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in the archived literature [53, 54]. It is also worth noting here that despite having similar
pressure above all of the jets in the array (Figure 3.8), the flow within the upper manifold
chamber has some influence on the jet formation of the outer most jets in the array, in
particular for the row furthest from the manifold inlet. As shown in Figure 3.8, the circulation
of the flow in the upper chamber creates a non-negligible crossflow at the jet orifice inlet
here. This produces a Venturi-type effect within the nozzle, causing the maximum flow
velocity to be larger as well as possessing a curved outlet profile, which accentuates the jet
deflection and convective heat transfer deterioration.

The overall thermal-hydraulic performance of this baseline design is summarised in
Table 3.7. Of particular relevance are the achieved junction temperature, T;= 58.7°C, for
the required hydraulic pumping power penalty of P,= 1.2 W. In what is to follow, an attempt
has been made to understand the improvement achieved by the optimum designs by

comparing the thermal-hydraulics to the above-described baseline design.
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Velocity: Magnitude (m/s)
0.00 1.25 2.50 3.75 5.00

Temperature (K)
308.00 315.50 323.00 330.50 338.00

Pressure (Pa) Vorticity: Magnitude (/s)
0 3000 6000 9000 12000 o} 11250 22500 33750 45000

Figure 3.8: Sectioned baseline model plots of (a) velocity, (b) temperature, (c) pressure

and (d) vorticity contours.
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Figure 3.9: Baseline ratio of surface heat flux to applied heat flux (111.1 W/cm?) contour

with heat source footprint highlighted.

3.4.2. Optimisation Pareto Plot

The CFD-based optimisation workflow produces a set of feasible solutions which are
compiled into a series of Pareto Plots in Figure 3.10 representing the individual heat source
concentrations investigated. Here, the Pareto Plot axes are the two objective functions (T;
and P;) and the data points represent the feasible solutions that implemented a specific set
of geometric design variables within the ranges defined in Table 3.6, remembering that the
pressure drop and resulting flow rate are determined by the operating point on the imposed
pump curve. The adaptive nature of the HEEDS algorithm is clear from the data points
tending to merge towards the Pareto Front, which is the curve that separates the feasible
and non-feasible solution spaces. Marked on the Pareto Front are the optimum solutions
associated with minimising the junction temperature (Single-Objective Optimisation, SOO)

and minimising both the junction temperature and pumping power (Multi-Objective
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Optimisation, MOO). The MOO optima are found via the data points located closest to the
ideal point at T; = 35°C and P, = 0 W. Min(x) illustrates the data point at minimum
displacement from this point. For reference, the baseline solution is also indicated in Figure
3.10.

All data points situated near the Pareto Front successfully achieved residual
convergence within the specified maximum iteration limit. Conversely, certain geometrically
extreme designs, characterised by significant pressure drops that impeded the rate of
convergence, did not fully converge before reaching the iteration cap. However, these cases
were located far from the Pareto Front and were consequently excluded from further
analysis. For the optimal configurations evaluated in this study, including the baseline and
both optimisation scenarios, all simulations reached full convergence, ensuring the reliability
of the results used in the analysis.

Looking more closely at the SOO and MOO optimums, it is evident that some clustering
of data points was determined. This indicates that more than one orifice design existed that
achieves very similar heat transfer and hydraulic performance. Some similarities and
differences in these designs will be discussed in the ensuing discussion, since it is relevant
to understanding the overall impact of the geometric design parameters and combinations
thereof. Observing the overall global trends across all three heat source concentrations, it
is evident from the Pareto Plots that the junction temperature generally increased with
increased heat source concentration. This is expected since the associated source heat flux
increased with the power being 250 W for each case. Furthermore, the junction temperature
range of the feasible solutions decreases with decreasing heat source concentration,
highlighting the influence of conjugate heat transfer within the IHS. Conversely, the range
of pumping power was not sensitive to source concentration, since these are associated
with the operating points on the pump curve, and the same pump was used for each heat
source.

Although not included in this study for the reasons previously outlined, incorporating
additional geometric modifications into the optimisation process would likely yield
diminishing returns. For instance, contoured nozzle inlets, while effective in reducing

hydraulic penalties, particularly pressure drop at the nozzle entrance, would also decrease
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turbulence generation within the nozzle. This reduction in turbulence would adversely affect
the development of the jet shear layer, a critical factor in enhancing heat transfer at the
impinging surface. Consequently, although the reduction in pressure drop might produce a
higher velocity jet, the diminished post-nozzle turbulent mixing would likely result in a
noticeable decline in overall heat transfer performance.

A similar trade-off would apply to other geometric adjustments, such as incorporating
flow conditioners at the manifold inlet, altering the nozzle angle, or using alternative nozzle
shapes. Each of these modifications might improve hydraulic performance by reducing
pressure drop but would simultaneously hinder the formation of turbulent eddies and
vortices that are essential for effective flow mixing and, by extension, heat transfer
enhancement. While these parameters could offer valuable insights in a broader
optimisation analysis for impinging jet cold plate heat exchangers, their inclusion is not
critical to achieving the primary objective of this study: developing an automated, simulation-
driven optimisation workflow. To ensure the validity and feasibility of the optimisation tool
within the scope of this work, these parameters were deliberately excluded, thereby
simplifying the design problem. However, provisions were made during the development
process to accommodate the integration of such parameters in future studies, depending
on specific user requirements.

Moreover, as the optimisation workflow simplifies the thermal stack by removing the
TTV neck, thus enabling direct contact between the heat source and heat spreader,
experimental validation of the optima generated was not pursued, as the absence of the
TTV’s heated meter bar neck poses significant challenges in accurately extracting junction
temperature data. It is anticipated that future applications of this optimisation methodology
to commercial CPU architectures will provide more appropriate opportunities for
experimental validation. These real-world scenarios are expected to offer a better alignment
between the simulation-based optimisation process and practical testing conditions, thereby

facilitating comprehensive verification of the developed design tool.
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3.4.3. Multi-Objective Optima

The true optimum and those very close in overall performance are included in Table
3.8 for the MOO design cluster. For this optimisation scenario the variation between orifice
configurations is small. The three representative cases shown have the same jet diameter
and population, with only small differences in S/D and H/D differentiating them. Since there
is low deviation of design options that minimise both the junction temperature and pumping
power, only the true optimum will be discussed here.

Compared with the baseline, the general features of the MOO design are that the jet
population is the same (N = 49) and the jet diameters are larger (D = 1.5 mm). Similar
relative inter-jet spacing (S/D) is retained, though the larger diameter increases the overall
area of the jet array compared with the baseline, causing them to extend well beyond the
footprint of the heat source. Defining the Area Ratio, A;, as the ratio of the jet array area to
the heat source area (see Figure 3.7),

e (D(\/N) +((WW-1)(s - D)))2

= (3.15)
" Ahs Ahs

Ar~ 2 for the MOO array compared with A~ 1 for the baseline, such that the jets now tend
to populate most of the available area of the orifice plate.

In terms of the hydraulics, compared with the baseline the larger jet diameters offer
lower hydraulic resistance such that the operating point on the pump curve is shifted to a
lower pressure drop and thus higher net volumetric flow rate, from 4.8 kPa to 7.4 L/min.
Hence, the MOO optimum design reduces the hydraulic power penalty primarily by using
larger diameter jets to decrease jet velocity and associated pressure drop, despite a
moderate increase in the flow rate. Compared to the baseline, Figure 3.11 shows that the
general flow and heat transfer features are similar, with some visible differences. Comparing
Figures 3.9 and 3.12, it is clear that the overall convective intensity is diminished, and this

is unsurprising considering that the jet velocity has nearly halved.
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Table 3.8: MOO optimum orifice design and results

Parameter Value Orifice CAD
S/D 2.17
H/D 1.83
N 49
D (mm) 1.50
Viet (M/s) 1.42
Rejet 2,938
A 1.96
T; (°C) 60.15
AP (Pa) 4,774
V (L/min) 7.37
Po (W) 0.59
U (W/m?K) 44173
MOO Design Il MOO Design Il

S/D 2.17 2.50

H/D 0.83 1.83
N 49 49

D (mm) 1.50 1.50

However, the jet impingement zone is larger owing to the increased jet diameter.
Furthermore, since the active jet area overhangs the projected area of the heat source, the
MOO design maintains high convective intensity over a larger overall area of the heat
spreader. Thus, despite the lower jet velocities, the MOO design sustains a high overall
heat transfer coefficient of U = 44,173 W/m?K by utilising more effective surface area of the
IHS to moderate the general decrease in convective heat transfer intensity. This is
notwithstanding the fact that the Venturi-type effect discussed earlier is more pronounced
for the larger diameter jets, and over a higher proportion of the jets. The effective surface
area of the IHS can be defined as the surface area occupied by high convective intensity
on account of the jet configuration. On the whole, compared with the baseline the overall
heat transfer coefficient decreases by only about 7% (~1.5 K increase in T;) with a

disproportionately large drop in hydraulic pumping power of ~50%.
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Velocity: Magnitude (m/s)
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Figure 3.11: Sectioned MOO model plots of (a) velocity, (b) temperature, (d) pressure, and
(c) vorticity.
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Figure 3.12: MOO ratio of surface heat flux to applied heat flux (111.1 W/cm?) contour with

heat source footprint highlighted.
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3.4.4. Single Objective Optima

Unlike the MOO optimised jet orifices, Table 3.9 shows that quite different orifice
designs can result in similar minimisation of the junction temperature for the SOO study.
The consistent features of the three different designs shown are the sub-unity Area Ratio
(i.e. the jet array area is contained within the projected heater area) and the jets are
comparatively high velocity (4.12 m/s - 5.17 m/s) relative to the baseline (2.89 m/s) and
MOO optimum (1.42 m/s) designs. Design | is the true optimum and achieves a 2.5 K
reduction in junction temperature below the baseline design, and 4 K below the MOO
optimal design. Here, the low population of N = 9 large diameter (D = 1.5 mm) jets shifts the
operating point on the pump curve to a location of much higher pressure drop (~26 kPa,
Figure 3.13) with a less severe reduction in the volumetric flow rate (~5 L/min). The resulting
pumping power is 3.7 times higher than the MOO optimal design and almost 2 times higher

than the baseline.

Table 3.9: SOO optimum orifice cluster designs and results

Parameter | | 1]

Orifice layout

S/D 2.83 217 2.25
H/D 1.17 0.17 0.25
N 9 9 25
D (mm) 1.50 1.50 1
Viet (M/s) 517 412 3.1
Rejet 10,712 8,541 4,276
A 0.44 0.28 0.44
T, (°C) 56.16 56.90 56.75
AP (Pa) 26,385 35,019 36,913
V (L/min) 4.93 3.87 3.59
P, (W) 2.17 2.23 2.21
U (W/m2K) 52,510 50,737 51,090
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As Figure 3.13 shows, the higher jet velocity of the SOO optimal design (due to the
reduced jet population for a still reasonably high volumetric flow rate) produces straight and
symmetrical jets across the whole array i.e. the outer jets are largely unaffected by the
cross-flow in the channel nor the non-fully stagnant flow in the upper chamber. This is ideal
for sustaining high convective heat transfer intensity in the impingement and wall jet regions
across the whole jet array area, as shown in Figure 3.14. Furthermore, compared with the
baseline, the larger jet diameters with moderate S/D ~ 2.8 has the same benefit discussed
for the MOO optimum design, in that it sustains high convective intensity over the large
inter-jet area. It is also noticed in Figure 3.13 that the higher velocity creates higher vorticity
in the shear layer within the nozzle, with commensurate higher vorticity flow impinging on
the developing wall jet. This likely influences the convective heat transfer intensity positively,
though is difficult to quantify.

Overarchingly, for the SOO design the jet array area is much smaller than the heat
source area, concentrating the jets within an Area Ratio of only A; = 0.44. In contrast to the
MOO design, with Ar = 1.96, this illustrates that in terms of overall source-to-sink thermal
resistance for this conjugate heat transfer scenario, there is a trade-off between convective
intensity and effective surface area. This is critical, considering that the SOO overall heat
transfer coefficient is only 16% higher than that of the MOO design, though with almost 4-

fold increase in pumping power.
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Velocity: Magnitude (m/s)
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Figure 3.13: Sectioned SOO Design | plots of (a) velocity, (b) solid temperature, (p)

pressure, and (c) vorticity.
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Figure 3.14: SOO Design | ratio of surface heat flux to applied heat flux (111.1 W/cm?)

contour with heat source footprint highlighted.
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The Design |l orifice plate and associated data is listed in Table 3.9 and is interesting
because it produces very similar thermal-hydraulic behaviour to Design | (only 0.15 W
increase in P, and 0.7 K increase in Tj), but for different reasons. The key differences are
that this design implements a very low jet-to-target spacing of H/D = 0.17 combined with a
more compact jet array, with A;= 0.28. As shown in Figure 3.15, the low H/D changes the
hydraulics considerably compared with the cases discussed thus far. In particular, the
central jet is of lower velocity compared to the outer ones due to the lateral pressure gradient
in the lower channel. Furthermore, the low channel height sustains high velocity in the
downstream region beyond the jet array in the thin gap region. Overall, the thin lower
channel creates flow resistance which increases the overall pressure drop to over 35 kPa.
With regard to the influence on the heat transfer, as indicated in Figure 3.16, the key
difference in the convective cooling profile is mainly associated with a higher convective
heat transfer intensity of the outer jets, along with the sustained intensity within the thin
lower channel once outside the perimeter of the jet array. As Figure 3.15 clearly shows,
these regions of increased cooling intensity are those associated with high vorticity, which
is indicative of intense fluid mixing.

Design Il possesses similar geometric traits to Design I, with a low H/D = 0.25 which
again results in the highest convective heat transfer intensity occurring in the outer jets and
as well as sustained intensity in the thin exit channel. The key difference is the higher jet
population of N = 25, an increase of over 150 % compared to the other two designs. In order
to maintain a comparable level of convective cooling intensity for an area ratio similar to
Design | (Ar=0.44), the jet diameter is decreased (D = 1.0 mm) to maintain a relatively high
jet exit velocity (3.1 m/s) and, like Designs | and Il, tend to be relatively straight over the
entire population (Figure 3.17). With the similar S/D = 2.25 and higher jet population, Figure
3.18 shows that this design generates high convective intensity over the approximate region
of the heat source, consistent with the previous two designs, despite a noticeable reduction

in the jet Reynold’s number attributed to the higher jet population (see Table 3.9).
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Figure 3.15: Sectioned SOO Design Il plots of (a) velocity, (b) solid temperature, (c)

pressure, and (c) vorticity.
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Figure 3.16: SOO Design Il ratio of surface heat flux to applied heat flux (111.1 W/cm?)

contour with heat source footprint highlighted.
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Figure 3.17: Sectioned SOO Design Il plots of (a) velocity, (b) solid temperature, (c)

pressure, and (c) vorticity.
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Figure 3.18: SOO design lll ratio of surface heat flux to applied heat flux (111.1 W/cm?)

contour with heat source footprint highlighted.
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Overall, the SOO study has revealed some key differences with respect to the jet
impingement heat exchanger design for maximising cooling of a concentrated heat source
with an Integrated Head Spreader, compared with the MOO design which simultaneously
maximised cooling and minimised the energy consumption. In particular, the jets are more
concentrated and within the projected heater area, are high velocity, and do not impinge
obliquely in comparison. Despite producing lower net volumetric flow rates, the trade-off for
the better cooling performance is that the higher velocities incur higher pressure drop, to

the extent that the pumping power penalty is about four times larger.

3.4.5. Influence of Heat Source Concentrations

Figure 3.19 plots the optimised thermal-hydraulic results for both the SOO and MOO
designs across all three heat source concentrations. For both scenarios, the influence of
the heat source size is clear from the increase in T; owing to the rise in the source heat flux,
shown in Figure 3.20. However, the rise in T; is not in-step with the escalation in heat flux,
which increases 3-fold between the lowest and highest source concentration. As shown in
Figure 3.19, this is due to an improvement in the overall heat transfer coefficient, U, as the
heat source size decreases, which will be discussed in more detail below. In terms of the

hydraulic power penalty, there is a very low sensitivity to heat source concentration.
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3.4.5.1. SOO Design Comparison

The pertinent design and thermal hydraulic performance data for all three heat source
concentrations for the SOO study are listed in Table 3.10, with the geometric design
features plotted in Figure 3.21. Since the Ans = 15 x 15 mm? case has been detailed above,
comparisons here will be made with respect to this mid-source case. Referring to Figure
3.21, the Ans = 10 x 10 mm? case retains the same jet diameter, jet population, jet-to-target
spacing as the mid-source case. Unsurprisingly, the hydraulics of this design (flow rate, jet
velocity, Reynolds number, pressure drop and pumping power) are about the same as the
mid-source case. However, as noted above, the overall heat transfer coefficient, U, has
increased. This tends to moderate the escalation in T; with increased source heat flux.

Defining the source-to-sink thermal resistance as,

R = (UAp)™t (3.16)

it only increases by 80% for a 125% increase in Q'ns. The smaller increase in thermal
resistance relative to the applied heat flux is due to the closer inter-jet spacing, S/D, the
only notably different design parameter compared with the mid-source case (Figure 3.21).
This is highlighted in the heat flux ratio plot in Figure 3.22 which shows that, consistent with
the earlier discussion, the SOO optimised jet array focusses the high convective intensity
over the projected heat source area. However, for the smaller heat source, the jet array can
be more tightly packed in this area resulting in a higher proportion of the area being exposed
to high intensity convective cooling. This is further evidence to support the earlier
observation that, when maximising cooling performance, the best design focusses the jets
over the heat source, despite the IHS being in place to support heat spreading. To achieve
this, an Area Ratio, which is a function of D, N and S/D (see Eq. 3.15), should maximise the

convective intensity within the footprint of the heat source.
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Table 3.10: SOO optima for different heat source concentrations

Parameter 10 x 10 mm? 15 x 15 mm? 20 x 20 mm?

Orifice layout

Q'hs (W/cm?) 250.0 1111 62.5
S/ID 1.83 2.83 2.75
H/D 1.17 1.17 1.25
N 9 9 25
D (mm) 1.50 1.50 1.00
Vet (M/s) 5.16 5.17 3.33
Rejet 10,688 10,712 4,600
A 0.49 0.44 0.36
T, (°C) 72.13 56.16 49.40
AP (Pa) 26450 26385 35531
¥ (L/min) 4.92 4.93 3.92
P, (W) 2.17 2.17 2.32
U (W/m2K) 65,559 52,510 43415
R (KIW) 0.15 0.08 0.06
horea (W/m2K) 61,986 51,175 52,671

To support this claim, the predicted average heat transfer coefficient, hped, Was
calculated using the Nusselt Number correlation detailed by Robinson and Schnitzler [26]

for confined jet arrays,

—0.442 H —0.00716

(5) pro4 (3.17)

h D
Nujo, = pred” _ 1.485Re046 (5>

and are included in Table 3.10. For the more concentrated 10 x 10 mm? and 15 x 15 mm?
cases, U and hpreq are in very close agreement indicating targeted cooling of the source
region, with S/D being the term which accounts for the difference observed between the

two.
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Figure 3.21: Comparison of optimum geometry parameters for SOO orifice designs for
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Figure 3.22: SOO surface heat flux ratio plots for (a) Ans = 10 x 10 mm?, (Q’hs= 250 W/cm?),

(b) Ans = 15 x 15 mm?, (Q"hs = 111 W/cm?), and (c) Ans = 20 x 20 mm?, (Q’hs = 62.5 W/cm?).

For the heat source size of Ans = 20 x 20 mm?, Figures 3.21 and 3.22 show an increase
in the jet population is required to accommodate targeted cooling of the larger source, whilst
still maintaining low S/D < 3 to sustain high convective intensity in the inter-jet regions.

However, there are clear trade-offs in this optimised design compared with the other two
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more concentrated cases discussed. The necessary increase in the jet population escalates
the overall open flow area across the orifice plate, which has the effect of reducing the jet
velocity and associated jet Reynolds number (Table 3.10). This is of course detrimental to
the cooling intensity as per Eq. (3.16). To oppose this, the design incorporates a lower jet
diameter, at D = 1.0 mm, to (i) sustain relatively high jet velocity and Reynolds number for
larger N, and (ii) to sustain a high average convective heat transfer coefficient, since h =
Nujet(k#/D) i.e. the average convective heat transfer coefficient is inversely proportional to
the jet diameter. The overall effect is that compared to the mid-source case, the increased
size of the heat source results in a decrease in heat flux of 44%, with the thermal resistance,
R, decreasing by a commensurate yet lower 32% (Table 3.10) due to a net reduction in U
(Figure 3.20). It is also worth noting that, unlike the other two cases where the tightly packed
larger diameter jets generated high convective intensity near to the edge of the heat source
border, Figure 3.21 indicates that for this case the trade-off between D, N and S/D is such
that a lower Area Ratio of A, = 0.36 results. As depicted in Figure 3.22, the lower D and A,
results in the high convective intensity zones of the outer most jets being further in from the
heat source border. This accounts for the lower value of U compared with hpreq in Table 3.10
and illustrates that, despite the lower cooling demand due to the lower heat flux of the larger
heat source, it remains a complex optimisation problem that requires a design approach
similar to that taken here.

Referring to Table 3.10, the smaller jet diameter of this design also results in a 35%
increased pressure drop across the orifice, despite the lower jet velocity attributed to the
increased jet population. This causes the operating point on the pump curve to shift to a
lower volumetric flow rate, which is 20% lower. These partially offset each other to the
degree that the overall hydraulic pumping power only increases by 7%. The key conclusions
regarding varying levels of heat source concentration on the thermal-hydraulic performance
of the SOO designs are that they consistently target the convective cooling area bordered
by the heat source, with heat spreading in the IHS playing a secondary, if not minor role in

the heat transfer. It is necessary to have a low enough jet-to-target spacing (H/D ~ 1.2) to
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avoid jet spreading and deflection, and the inter-jet spacing be kept low (S/D < 3) to sustain
high convective intensity within this target region. Sub-unity A < 0.5 ensures that the high
intensity convective heat transfer is approximately contained within the marked border of
the heat source for each case. Overall, the increase in the junction temperature does not
increase linearly with the heat flux since reducing the target area supports higher average
heat transfer coefficients within the targeted zone of the heat source. In terms of the
pumping power, there is no important influence of heat source concentration, though it is

noted that they are all near the maximum hydraulic power of Ppmax = 2.34 W for the chosen

pump.

3.4.5.2. MOO Design Comparison

In contrast to the SOO optimum designs, which tend to leverage the maximum hydraulic
power of the pump, Figure 3.19 shows that the MOO designs operate at significantly
lowered pumping power. These designs operate at approximately 3.6 to 4-fold reduced
pumping power, though the increase in T;is not nearly as severe. The pertinent design and
thermal hydraulic performance data for all three heat source concentrations for the MOO
portion of this study are listed in Table 3.11, with the geometric design features plotted in
Figure 3.23. Comparing against the SOO design parameters in Figure 3.21, the most
notable difference is the increase in the jet population, N, for each heater size, noting that
S/D < 3 is still maintained to promote high cooling intensity between neighbouring jets.
Consistent with what was discussed earlier, higher jet population has the end effect of
reducing the volumetric flow rate and results in a significant reduction in the overall pressure
drop, and this is the main contributor to the pumping power reduction for each MOO design.
This has a detrimental effect on the Reynolds number, which is between 2.6 and 3.6 times

lower than the respective SOO design.
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Table 3.11: MOO optima for different heat source concentrations

Parameter 10 x 10 mm? 15 x 15 mm? 20 x 20 mm?

Orifice layout

Q'ns (W/cm2) 250.0 1111 62.5
S/D 1.83 2.17 2.25
H/D 1.17 1.83 1.75

N 49 49 121
D (mm) 1.50 1.50 1.00
Viet (M) 1.41 1.42 1.30
Rejet 2,929 2,938 1,790
Ar 3.24 1.96 1.38
T, (°C) 79.26 60.15 51.95
AP (Pa) 4,974 4,773 4,536
V (L/min) 7.35 7.37 7.39
P, (W) 0.61 0.59 0.56
U (W/m2K) 56,480 44,179 36,863
R (K/W) 0.18 0.10 0.07
horea (W/m2K) 34,174 31,637 37,200

In terms of the MOO designs and the overall influence of heat source concentration, a
similar result to that of the SOO design is observed, though for a different reason. Compared
with the mid-source case, the Ans = 10 x 10 mm? case only experiences a 76% reduction in
the source-to-sink thermal resistance, R, for a 125% increase in the source heat flux, again
owing to the increase of the overall heat transfer coefficient, U, as shown in Figure 3.20.
For this case, the increase in U is not due to an increase in the convective heat transfer
coefficient, as it was for the SOO case, nor would this be expected since Rejet is much lower;
in fact hyreq is expectedly lower than U (Table 3.11). Here, the increase in U is mainly due
to the higher Area Ratio (Ar> 3) which activates high convective heat flux over a larger area
of the IHS, as seen in Figure 3.24. Similarly, for the largest Ans = 20 x 20 mm? heater case,
the reduced intensity of the convective heat transfer is countered by a greater active area

for heat transfer on the convective side of the IHS. For the same reasons as with the SOO
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case discussed, a lower jet diameter is used for the much higher jet population whilst
maintaining S/D < 3. Here however, the overhanging region is smaller in proportion to the
heat source size, with A; closer to unity and thus hyreg ~ U (Table 3.11). Resultingly, the 44%
drop in heat flux only results in a 32% decrease in thermal resistance, R, the same as
observed for the SOO case.

The key conclusions regarding varying levels of heat source concentration on the
thermal-hydraulic performance of the MOO designs are that, compared with the SOO
designs, they consistently implement higher jet populations to decrease the pressure drop
and associated pumping power. Here, similarly low S/D < 3 is maintained such that the IHS
plays a key role in sustaining a low thermal resistance despite the drop in flow velocity,
Reynold's number and convective heat transfer intensity compared with the SOO designs.
Comparatively, the thermal resistance is between 16% to 18% higher than the SOO
designs, which results in moderate increase in T;. However, this must be considered in the
context that the hydraulic pumping power consumption reduction is in the region of 4-fold.

When considering the application of this design methodology to industrial contexts, the
relative power consumed by cooling systems is minimal in smaller setups, such as PCs with
single CPUs, where the cooling power constitutes a minor fraction of the CPU's input power.
However, in large-scale industrial environments, such as data centres, even slight
reductions in cooling power can significantly impact overall energy consumption. Therefore,
the emphasis on minimising pumping power becomes contingent on the specific
requirements of the application and user priorities. For users focused on energy efficiency,
particularly in high power scenarios, optimising the energy distributed to the cooling system
is paramount. This is demonstrated in the aforementioned fourfold difference in pumping
power between SOO and MOO orifice configurations. When extended to industrial scale
operations, such savings in pumping power translate into substantial reductions in energy
use, underscoring the critical importance of this factor in the design of efficient larger scale

cooling systems.
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different heat source sizes.
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Figure 3.24: MOO surface heat flux ratio plots for (a) Ans = 10 x 10 mm?, (Q"hs = 250 W/cm?),

(b) Ans = 15 x 15 mm?, (Q"hs = 111 W/cm?), and (c) Ans = 20 x 20 mm?, (Q’hs = 62.5 W/cm?).
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3.5. Conclusions

This study investigates the influence of different geometric design parameters on the

overall heat transfer and hydraulic performance of a liquid impinging jet array coldplate heat

sink for centralised concentrated heat sources of different sizes, each with an Integrated

Heat Spreader (IHS), mimicking a typical high-powered CPU package. A key aim of the

study was to implement a simulation workflow by integrating multiple design software tools

in such a way that heat exchanger optimisation is fully automated. The objective functions

chosen for the optimisation study were the pumping power and/or the junction temperature,

since these address the energy consumption and overall cooling performance. Based on

the conducted investigation, the main conclusions are as follows:

1.

Jet array impingement thermal-hydraulics are sensitive to a number of geometric
design parameters, and there are cross-dependencies between them. This is
complicated further when conjugate heat transfer associated with a heat spreader
influences the overall system performance. Automation of the design processes is
a powerful approach to optimise the heat exchanger design, whether single or
multiple objective functions are considered.

The jet array heat exchanger designs which maximised cooling and minimised
energy consumption (MOO optimums) leveraged a higher population of jets of low
relative inter-jet spacing into the design. In doing so, a very low overall pressure
drop was achieved owing to lower jet velocities. Despite this, high overall heat
transfer coefficients were achieved by sustaining a high convective heat transfer
intensity over a comparatively large area of the exposed IHS surface, with the jet
array to heat source Area Ratio, A;, being greater than unity. Decreasing heat source
size allowed a higher proportion of the IHS to be actively cooled, escalating A, which
curbs the rise in source temperature with increased heat flux.

For the jet array designs that maximised cooling (SOO optimums), the trade-off is

that higher pumping power is required, being around four times that of the MOO
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optimal designs. The higher pumping power and higher cooling effectiveness were
achieved with jets of notably higher velocity compared with the MOO design. For the
SOO designs considered, the higher jet velocities were a result of reduced jet
population. Furthermore, the Area Ratio between the jet array and the heat source
are consistently sub-unity, indicating that maximising cooling requires targeting the
hot-spot region of the IHS created by the concentrated heat source. Decreasing heat
source size allowed a higher packing density of jets within the target heat source
region on the IHS, which moderates the rise in source temperature with increased

heat flux.

There exists a wide range of commercial CPU packages with different die sizes, core
counts and core architectures. Considering this, the subsequent chapter will first seek to
apply the simulation-based optimisation strategy developed in this chapter to a commercial
CPU package, where it is envisaged that once validated, it can be deployed as an

engineering design tool for the full range of commercial CPUs.
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Abstract

Chapter 4

Optimisation of Liquid Jet Impingement
Coldplate for an Overclocked CPU with

Multiple Discrete Cores

Abstract

This study details the development of an automated, multi-objective optimisation
framework for liquid jet impingement cooling of commercial Central Processing Units
(CPUs). Integrating Computer Aided Design (CAD), Computational Fluid Dynamics (CFD),
and geometric optimisation software tools, optimised jet array configurations were tailored
for cooling of a commercial CPU with multiple, heat-generating, high heat flux cores.
Experiments were performed on a live test CPU under highly overclocked compute
workload and the measurements used to verify the accuracy of the simulation model both
pre and post optimisation. A comparative analysis of both single and multi-objective
optimisation design strategies illustrated trade-offs depending on the choice of objective
functions, which were chosen to be the average core junction temperature and the hydraulic
pumping power in this study. When maximised cooling of the cores was considered, the
optimum jet design aggressively targeted the concentrated heat source region of the CPU
cores, achieving a core junction temperature 10 K below the throttling limit, even under
highly overclocked workload conditions. Conversely, the multi-objective design that equally
weighted cooling performance and hydraulic power penalty produced a design with a
significantly larger population of lower-velocity jets, leveraging a larger effective surface
area of the heat spreader to compensate for the lower jet impingement convective heat
transfer coefficients. Despite the higher core junction temperature, it still remained below

the throttling temperature whilst achieving a fourfold reduction in pumping power. Analysis
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of the CPU thermal stack identified significant temperature gradients across the silicon die
owing to the very high localised heat fluxes at the discrete cores. This contributed
approximately 30% of the total core-to-coolant thermal budget, which is significant. This
highlights the importance of applying realistic thermal boundary conditions when designing

coldplate heat exchangers for practical CPU packages.

4.1. Introduction

The nonstop advancement in microelectronic device development introduces new
thermal challenges, particularly in maintaining safe operating temperatures as the power
and heat flux levels continue to increase. Effective heat dissipation from the Integrated
Circuit (IC) components and devices has become a critical challenge, to the point where it
can impede progress of the industry. For example, it is projected that the Thermal Design
Power (TDP) for Central Processing Units (CPU) could exceed 400 W in the coming years
[1]. Effective thermal management of these emerging high-powered processors is essential
for ensuring product performance and reliability, to the extent that the development of high-
performance heat sinks is crucial [2]. Since it is now well established that conventional air-
cooled heat sink technologies are reaching their physical limits in managing the heat flux
generated by modern processors [3, 4], the industry is now transitioning to liquid cooling.
Liquid-based approaches to thermal management in applications such as data centres can
not only manage the higher processor powers and heat fluxes, but facilitate higher overall
server and rack power levels, and do so at much lower operating expense in terms of the
energy consumption required for thermal management [5, 6].

Some previous works in this field of developing liquid heat exchangers for electronics
cooling have used the die footprint to represent the electronic component as a concentrated
heat source [7-9]. Historically however, it is more typical to distribute the heat load uniformly
across the full base of the heat sink [10-12]. Although important in the context of heat
exchanger technology development, these approaches do not account for the fact that CPU

architectures contain multiple, discrete heat-generating cores that create concentrated

156



4 .1. Introduction

thermal loads on the underside of the semiconductor die. The degree of heat concentration
often necessitates that in practical application, an Integrated Heat Spreader (IHS) must be
positioned between the die and the convective heat sink to create a sufficiently large heat
transfer surface area. However, for the same reason fin efficiency of extended surfaces
decreases with increasing convective heat transfer coefficient, the spreading efficiency of
IHSs decreases as the intensity of convective heat transfer escalates [13]. In the context of
transitioning from air to liquid cooling of CPUs, the full benefit of liquid cooling of the IHS is
never fully realised, since the higher intensity of liquid convective heat transfer causes the
heat to become more concentrated within the IHS, thus diminishing the effective area for
convective heat transfer. This is a classical conjugate heat transfer problem, and for CPU-
type arrangements, Elliott and Robinson [14] showed that compared with uniform
convective cooling of the IHS, optimised non-uniform convective cooling can improve the
overall thermal performance by targeting the higher cooling intensity in the region of heat
concentration. Although the investigation proved that targeted cooling approaches can
improve overall thermal performance, it did not address the practicalities associated with
hydraulic penalties, such as pressure drop and pumping power. In practice, a heat sink
design should seek to increase the cooling intensity and decrease the hydraulic penalties,
and this requires careful balancing of performance objectives, since they are generally
antagonistic to one another [15, 16].

Liquid jet array impingement offers a compelling solution for delivering high intensity
and targeted convective cooling of CPUs [7, 17]. When simple circular jets are arranged in
arrays, the average convective heat transfer coefficient for a given net flow rate is sensitive
to a manageable set of geometric design parameters, such as jet-to-target distance [18],
inter-jet spacing [19, 20], and nozzle size [21]. Conversely, for a given flow rate, the pressure
drop is primarily sensitive to the nozzle size, making jet arrays well-suited for simultaneous
heat transfer and hydraulic optimisation [22]. This was recently demonstrated by the present
author’s work [7], which described the development of an automated, simulation-based

optimisation framework for impinging liquid jet array heat exchanger designs for CPU
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cooling applications. Although the work was limited to the use of uniform heat loading over
assumed die sizes of typical CPUs fitted with IHSs, it showed that tailored jet arrays could
be produced that either maximised the heat transfer or balanced both thermal and hydraulic
performance. Consistent with the earlier work of Elliott et al. [13], the findings of this work
indicated that for concentrated heat sources, the best thermal performance was achieved
with a densely packed array of high velocity jets that targeted the high heat flux regions of
the IHS, though at comparatively high pressure drop and pumping power. For balanced
thermal-hydraulic performance, the optimisation procedure produced lower velocity jets in
arrays of much higher population, leveraging a larger effective surface area of the IHS to
offset the lower convective intensity of the slower jets, though resulting in significantly lower
hydraulic penalties.

The primary objective of this study is to develop and test an automated optimisation
design methodology for cooling of the cores of commercial CPU packages with liquid jet
array type heat exchangers. This study builds upon the work of Elliott and Robinson [7] by
adapting the previously developed optimisation framework to a commercially available CPU
with multiple, discrete, and high heat flux cores on the underside of a silicon die. Both
Single-Objective Optimisation (SOO) and Multi-Objective Optimisation (MOO) strategies
are considered, providing insight into design trade-offs based on the specified objective
functions. To the best of knowledge, this study is among the first to apply a comprehensive
optimisation framework specifically tailored for liquid cooling of complete CPU packages,

down to individual cores.
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4.2. Experimental Study

4.2.1. The Case Study

This investigation focuses on the thermal-hydraulic optimisation of a liquid jet array
impingement coldplate heat exchanger for high-performance computing of a commercial
CPU package. A Computational Fluid Dynamics (CFD) based approach was developed to
achieve this, with the numerical model applied to the configuration depicted in Figure 4.1(a).
This figure illustrates the physical coldplate assembly, highlighting the swapable orifice
plate, which is sandwiched between the manifold and the copper baseplate, with
compressed O-rings providing fluid-tight seals between both the orifice plate and the
manifold and the manifold and the copper base, thus allowing for straight-forward testing of
different orifice plate designs. Figure 4.1(b) shows the idealised coldplate heat exchanger
used for simulation purposes. Coolant enters via an inlet port to an upper plenum chamber
after which it is forced through the nozzles of the orifice plate forming discrete jets which
issue into the confined gap and impinge on the lower copper base. The coolant exits the
confined gap into a skirt-type plenum chamber that frames the orifice plate and exits through
the outlet port.

The Intel i5-12600K CPU, shown in Figure 4.2(a), was selected as the test CPU for this
investigation and will be discussed in more detail later. The selection is somewhat arbitrary,
though was partially motivated by the relatively high Thermal Design Power (TDP), high
core-level heat flux, capability of being overclocked, and there being information available
in terms of the core size and layout. Modifications were made to the commercial CPU
package by removing the stock Integrated Heat Spreader (IHS) and solder-based Thermal
Interface Material (TIM) (Figure 4.2(b)). Figure 4.1(c) depicts the digitised Intel i5-12600K

assembled to the base of the coldplate heat exchanger, which now acts as the IHS.
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Figure 4.1: (a) Exploded view of physical coldplate assembly, (b) sectioned CAD assembly
of coldplate heat exchanger and CPU die, and (c) underside of heat exchanger showing

attached CPU die and core placements.
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P Cores

P Cores E Cores

Figure 4.2: (a) Intel i5-12600K CPU in commercially available state, (b) CPU with IHS
removed and die exposed, and (c) CPU circuit architecture illustrating location and types of

cores.

4.2.2. Experimental Test Facility

An experimental test facility was constructed to generate and measure both the CPU
computing data and heat exchanger thermal-hydraulic performance data used to verify the
CFD model for both pre and post optimisation designs. The main components of the test
facility are the CPU-motherboard assembly, the coldplate heat exchanger, and the coolant

flow loop. Each will now be discussed in turn.
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4.2.2.1. CPU and Motherboard

As mentioned, the Intel i5-12600K was selected as the test CPU and a list of key
specifications is provided in Table 4.1 [23]. The Intel i5-12600K is part of the Alder Lake-S
generation of CPUs. This family of Intel CPUs uses a common die architecture, shown in
Figure 4.2(c), that contains up to 16 cores, with 8 designated performance cores (P-cores)
and 8 efficiency cores (E-cores). The specific i5-12600K version of this CPU has only 10
cores active, including the 6 rightmost P-cores and 4 of the E-cores. Under high compute
workload conditions, such as high-performance gaming and overclocking, the E-cores are
disabled to maximise system performance, resulting in peak achievable temperatures by
concentrating all power to the 6 active P-cores.

The suggested TDP of this CPU is 125 W, with an overall die size of 20.5 x 10.5 mm?.
The maximum specified design power, or Turbo TDP, for this CPU is ~150 W. CPU stress
tests were conducted using the Y-cruncher software, with all data captured using the
HWINFO hardware monitoring tool. Overclocking was managed via the Intel Extreme Utility
software, where the CPU achieved a maximum clock speed of 4.9 GHz and maintained an
increased power draw of up to ~210 W, which is a 70% increase in power above the base
TDP for a 1.2 GHz increase in clock speed. This was achieved by increasing the core
voltage to 1.47 V, with an offset of -0.03 V.

Figure 4.3(a) shows the CPU mounted on the ASUS ROG Maximus Z790 Hero
(LGA1700) DDR5 ATX Motherboard, paired with a Crucial PCle 3.0 NVMe m.2 SSD and
two Corsair Dominator Platinum RGB DDR5 32GB DRAMs. Power was supplied by a Super
Flower SF-650P14XE (HX) power supply unit. This configuration facilitated CPU
overclocking, with the core temperatures measured by the on-die Digital Thermal Sensors
(DTS), with a stated accuracy of 5 K [24]. Additionally, the power received by the CPU
cores (SVI2 TFN) was monitored internally via telemetry of the core voltage. The CPU was
housed within a socket of high-strength, heat-resistant thermoplastic polymer, which

insulates the CPU and mitigates heat loss to the motherboard.
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Table 4.1: Intel i5-12600K specifications [23]

Essentials
Product Collection 12t Generation Intel® Core™ i5
Processor Number i5-12600K
Lithography Intel 7
CPU specifications
Total Cores 10
Total Performance Cores 6
Total Efficient Cores 4
Performance-core Base Frequency 3.70 GHz
Processor Base Power 125 W
Maximum Turbo Power 150 W

Package Specifications

Sockets Supported FCLGA1700
Max CPU Configuration 1
Thermal Solution Specification PCG 2020A
Max. Junction Temperature T max 100 °C
P Core Size 3.4 x 2.2 mm?
Die Size 20.5 x 10.5 mm?
Package Size 45.0 x 37.5 mm?

=

N

Figure 4.3: (a) Schematic of test motherboard with installed Intel i5-12600K CPU, (b) cold
plate heat exchanger assembly mounted to motherboard CPU socket, and (c) live test
motherboard-CPU assembly with coldplate heat exchanger integrated into experimental

flow loop.

163



Optimisation of Liquid Jet Impingement Coldplate for an Overclocked CPU with Multiple Discrete Cores

4.2.2.2. The Coldplate Heat Exchanger

The heat exchanger used in this study was a modified Nexalus Enflux™ coldplate, as
it allows swappable orifice plates for testing of different jet array designs (Figure 4.1(a)).
The coldplate was constructed from an upper Trirex 3020U polycarbonate manifold and a
lower 50 x 50 x 1.3 mm? nickel-plated copper base, which here doubled as the sole heat
spreader for the system. Sandwiched between them was the test orifice plate, which for this
investigation was 3D printed using an Elegoo Saturn 3 resin printer, with an x-y resolution
of 19 x 24 ym? and z-axis accuracy of 20 um, subsequent to curing under UV light. A
baseline reference orifice plate was first tested in order to assess the overall impact of
design optimisation. Consistent with the study by Elliott and Robinson [7], the baseline
consisted of a square array of N = 49, D = 1.0 mm diameter circular nozzles, configured at
a pitch-to-diameter ratio of S/D = 2.25 and dimensionless jet-to-target spacing of H/D = 1.7.
Figure 4.4(a) is an image of the manufactured orifice plate produced for the baseline
experimental tests, whilst Figure 4.4(b) shows it assembled in the manifold. To ensure an
adequate level of accuracy, the orifice plate was examined under a microscope and
measurements taken for a selection of jet nozzles across the full spread of the jet array.
Figures 4.4(b) and (c) present microscope images of typical jet nozzles. For a sample of 25
measurements, the mean nozzle diameter was 0.986 mm with a standard deviation of 6.71
pum, representing dimensional error on the nozzle diameter of 14 uym (1.4%) compared to
the D = 1.0 mm design point. The maximum under sizing of the jet diameter was 24 pm
(2.4%), which is in-line with the stated accuracy for this 3D printer. Some residual roughness
is also observed along the jet orifice edges, as visible in Figures 4.4(c) and (d)®.

Figures 4.3(b) and (c) show the coldplate-motherboard-CPU assembly, noting that a
layer of high thermal conductivity liquid metal TIM (Thermal Grizzly Conductonaut, k = 75
W/mK) was applied between the copper base of the heat exchanger and the exposed CPU
die. This enabled direct contact between the CPU die and the base of the heat exchanger

which facilitated more accurate verification of the numerical simulations by reducing the

6 For normal distribution of jet nozzle diameters across the baseline orifice plate, see Appendix E
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uncertainties associated with the TIM layers between the heat source and the convective
heat sink. Furthermore, torque screws, rated to 4 Nm, were used to secure the coldplate to
the motherboard, ensuring an even pressure between the baseplate and the CPU die, and
thus even distribution of the TIM.

In the original configuration of the CPU, a copper IHS, of approximate thickness 2.8
mm, was connected to the die using a solder-based thermal interface material (STIM),
where k = 50 - 87 W/mK [25]. The removal of both the IHS and the STIM significantly
reduced the thermal resistance within the source-to-coolant thermal stack. Additionally, this
modification eliminated uncertainties associated with the precise thermal properties and
application of the STIM during the CPU's manufacturing process. By employing a liquid
metal TIM and securing the components with torque screws, a higher degree of control over
the thermal interface was achieved. While some uncertainty remains regarding the exact
distribution of the liquid metal TIM, this is substantially reduced compared to the stock

configuration of the i5-12600K in its commercial state.

Figure 4.4: (a) 3D resin printed baseline orifice plate, (b) orifice plate positioned within
coolant manifold, and (c)-(d) microscope images of single jet nozzles, highlighting

dimensional accuracy.
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4.2.2.3. The Flow Loop

The flow loop illustrated in Figure 4.5 included a 2-Litre coolant reservoir, a Polar Series
Accel 500 LC recirculating chiller for temperature control, and a compact brazed heat
exchanger for coolant inlet temperature regulation. Coolant flow was measured using a
Sensata Cynergy3 UF series ultrasonic flow meter (10 L/min = 3% RS). Temperature
measurements were taken using 1.0 mm diameter sheathed T-type thermocouples inserted
into the flow via compression fittings at key locations, such as the inlets and outlets of both
heat exchangers. The thermocouples were calibrated to an uncertainty of £0.5°C against
an ASL F100 Precision Handheld RTD thermometer. Pressure measurements were
recorded using Omega PX26 series wet/wet differential pressure sensors (100 kPa + 0.25%
FS), calibrated with a Digitron 2022P differential digital pressure meter. For all conducted
tests, distilled water was used as the coolant, with an inlet temperature to the coldplate
maintained at 35°C. The flow rate was controlled by adjusting the power to the TCS M3000
variable speed pump, with additional control via manual valves placed throughout the flow
loop for finer adjustments at lower flow rates.

The measurement sensors were connected to a data acquisition (DAQ) system,
utilising an NI 9211 DAQ Module for thermocouple input (+0.05°C) and a NI 9219 DAQ
Module for pressure meter input (£0.1% RS). The output of the flow meter was recorded via
direct voltage measurement using a IDM91E Handheld Digital Multimeter, with a resolution
of 0.1 mV (20.5%). National Instruments LabVIEW software was used for real-time
monitoring and postprocessing of temperature and pressure data. Each stress test was
allowed to reach steady-state conditions before recording data. Tests were conducted for
flow rates between 1 and 7 L/min, with the total nominal power to the CPU cores at Qps ~
150 W for Turbo TDP tests and Qxs ~ 210 W under overclocking conditions. Slight variations
in total power occurred between different tests, but did not vary by more than 0.76% for

Turbo TDP and 1.8% for overclocking.
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Figure 4.5: Schematic of flow loop test facility.

4.2.3. Performance Metrics and Data Reduction

A method of assessing the thermal-hydraulic performance of various heat exchanger
designs is outlined below. The aim is to provide a means to not only assess the impact of
heat exchanger design modifications, but also to provide data for adequate comparison and
subsequent verification of the simulation model used for the heat exchanger design
optimisation. Further to this, and different from what has been done previously in the
literature, the thermal performance indicators are posed in the context of the CPU cores
themselves, opposed to the overall region that the cores occupy, or the area of the die that
interfaces with the heat exchanger.

For the physical testing of the Intel i5 12600K CPU, the power supplied to the CPU
cores is recorded as a single, overall power to the cores, with no breakdown of the power
to each individual core. This limitation, combined with the subsequent CFD verification
requirements, necessitated that the experimental tests be conducted with the full load
distributed across all active P-cores. The absence of core-specific power mapping
complicated the identification of which cores were active during partial-load scenarios,

making it impractical to run tests with fewer than the maximum core load. It is thus assumed
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that the overall CPU power is equally distributed across the 6 active P-cores, such that the

power to each core is simply,

Qs

Qcore = 6 (4.1

The HWINFO monitoring tool does, however, measure each individual active core
junction temperature, Tcore,, though there is no mapping available of the individual
measurements to the physical core location on the die. Furthermore, during testing some
variation in Tcore,j resulted, though they were within the +5 K uncertainty of the on-die
sensors. It was thus not possible to assess if these differences were physical or simply due
to measurement uncertainty. This puts some limits on the core-to-core comparison of the
experimental measurements with the CFD predictions. Here, the average temperature
across all six active CPU cores is used to quantify the junction temperature, T;, performance

metric, given by;

Tcore,l + Tcore,z + Tcore,3 + Tcore,4 + Tcore,S + Tcore,6

T = - (4.2)

Considering the cores as discrete heat sources [26], Egs. (4.1) and (4.2) can be combined
to estimate the average core-to-coolant thermal resistance, Rcore,
(T — 7o)

Reore = —5—— (4.3)

Qcore

where T- = (Tin— Tou)/2 is the average of the inlet and outlet coolant temperature. Given the
known dimensions of each core, and thus its surface area, Acore, @ performance metric that
gives a sense of the overall cooling intensity that the discrete cores experience can be

defined as,

1
QCOT‘E core 1

(TJ - Too)Acore N (T] - Too) N RcoreAcore

Ucore -

(4.4)

where Q”core = Qeore/Acore is the core-level heat flux. This performance indicator, Ucore, is

similar to what is generally termed as a source-to-sink overall heat transfer coefficient, with
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units of W/m2K, and takes into account the entire stack between the core and coolant (die,
TIM, heat spreading, convection), though here it must be remembered that it is
representative of the discrete heat sources (cores) on the CPU. Data was recorded during
the experiments at a frequency of 1 Hz across a 10 minute window following temperature
stabilisation, resulting in 600 samples being recorded for each CPU core. Thermal steady
state was assumed when the variation in temperature measurements was no greater than
0.5°C after 50 readings, typically within 15 - 20 minutes following a cold start.

In terms of the hydraulic performance metrics, both for the setup / verification of the
simulation model and the subsequent optimisation study, the average exit velocity of the

flow through each jet, Viet, and hence the jet Reynolds Number, Reje;, are defined as [27]:

4V
jet = N7D2 (4.5)
V‘ tD
Reje; = ’j/ (4.6)

where V is the volumetric flow rate of the fluid entering the cold plate manifold and v is the
kinematic viscosity of the coolant. The hydraulic power of the coldplate heat exchanger is

determined as,

P, = VAP 4.7)

where AP is the pressure drop across the heat exchanger.

4.2.4. Uncertainty Analysis

An uncertainty analysis was performed for the derived quantities described in Egs. (4.3)
- (4.7), using the using the root sum of squares (RSS) method as detailed by Kline and
McClintock [28]; where x; refers to the measurement value, Unc; the uncertainty of said
measurement and Unc; is the uncertainty attributed to the derived parameter, Z, which can

be calculated by,
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Unc, = (i [g—f Unci]2> (4.8)

Experimental uncertainties associated with the measured parameters are listed in Table
4.2, whilst Table 4.3 presents the uncertainties on derived parameters within the

experimental test range of flow rates.

Table 4.2: Measurement error
Error (Absolute) 1LPM 4 LPM 7LPM

T, [Turbo] (°C) 5.0 5.0 5.0
T, [OC] (°C) N/A 5.0 5.0
V (L/min) 0.03 0.09 0.18
AP (Pa) 17.5 85.0 250.0

Table 4.3: Uncertainty on derived parameters
Relative Error (%) 1LPM 41 PM 7LPM

Vet 3.7 3.7 3.7
Rejet 4.1 4.1 4.1

P, 6.8 3.5 3.5

Reore (Turbo) 5.9 6.9 7.2
Reore (OC) N/A 5.3 5.6

4.3. Numerical Simulations

4.3.1. Computational Domain and Governing Equations

The CFD model, constructed within STAR-CCM+, was first developed for verification
against experimental data. Noting that the same general features were used for the
optimisation study, the imagery in the discussion below will use the baseline orifice plate
design for conciseness.

Figures 4.6(a) and (b) depict the CAD representation of the Intel Alder Lake-S
processor die. As mentioned earlier, the i5 12600K version and stress tests considered here
only use the 6 rightmost P-cores, though the inactive cores are retained as they may be

useful for future studies. Each P-core has a surface area of 3.4 x 2.2 mm? and as Figure
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4.6 shows, the 6 active cores are not exactly centred on the geometric centre of the die.
Additionally, the die itself is not centrally positioned on the geometric centre of the CPU
base holder (Figure 4.2(b)). Therefore, when fully assembled to the motherboard, the CPU

cores are not aligned with geometric centre of the heat exchanger base.

Active Cores

Active Cores

' 3
v

20.5
Figure 4.6: Intel Alder Lake-S processor die represented as, (a) an isometric CAD model
with die thickness, t, specified, and (b) CAD model with die and core dimensions. All

dimensions are in mm.

Figure 4.7(a) provides an illustration of the assembled computational domain including
the CPU, TIM, and the coldplate heat exchanger, whereas Figure 4.7(b) illustrates the final
mesh associated with the baseline design case. As it is illustrated, the fluid domain
encompasses the flow path from the manifold inlet through the upper plenum chamber,
orifice nozzles, lower plenum chamber, and exit port. The fluid domain geometry was
subsequently imported into STAR-CCM+ and constrained by the non-variable geometry
elements, including the coldplate base / IHS and CPU. A thermal interface material
thickness of 0.2 mm was selected based on the typical range of thicknesses expected for
an interface material, which is dependent on both material and application [29]. Due to this,
the TIM is the largest source of uncertainty in the set-up of this CFD problem.

Similar to the study in the previous chapter, the STAR-CCM+ model developed for
simulation utilised a steady-state, coupled implicit solver with a second-order upwind

discretisation scheme to accurately capture flow gradients. The convergence criterion for
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the iterative solver was defined by a residual threshold of 106, with automatic initialisation
to establish consistent starting conditions for the solver, streamlining the simulation process

and promoting efficient convergence.

(a)

Environmental Inlet

Pressure G G \/olumetric
Outlet | Flow

Solid IHS Domain f T ? _ TIM
(Copper) Qllys CPU Die (Conductonaut)

(Silicon Wafer)

(b)

L

Figure 4.7: Sectioned view of (a) CAD model of computational domain, and (b) STAR-
CCM+ domain mesh with localised mesh regions. Insert images show increased mesh

density near interfaces.

Although not entirely negligible, thermal losses via conduction through the bottom of
the CPU package and subsequent spreading into the motherboard were excluded from this
study. These losses, estimated to account for approximately 5% of the total heat dissipation,
were considered sufficiently minor to be omitted from the CFD optimisation. This decision
was made to streamline the thermal analysis process, particularly given the substantial

number of design points expected to be simulated during the multi-objective optimisation.
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The study prioritises the dominant heat dissipation pathway through the cooling solution,
that being the source-to-coolant route. Furthermore, accurately quantifying these losses
experimentally would present significant challenges due to the configuration of the
motherboard-CPU-heat exchanger assembly. The expected small magnitude of these
losses, relative to the overall thermal budget, ensures they would not meaningfully impact
the results of the impinging jet array optimisation. By focusing on the primary heat transfer
mechanisms, the study maintains a clear emphasis on the most critical thermal performance
factors.

For the CFD simulations solved within STAR-CCM+, the steady-state incompressible

conservation equations for mass, momentum, and energy are as follows:

Conservation of mass:

V.u=0 (4.9)
Conservation of Momentum:
VP 1 -
u-Vvu=——+—-(V-pvu) — (u' - Vu') (4.10)
p P
Conservation of Energy (Fluid):
1 kYT
u.VT ==|V- (4.11)
p Cor
Conservation of Energy (Solid):
k VT
V- =0 (4.12)
Cps

where u is the velocity of the fluid, u’ is the velocity fluctuation component due to turbulence,
p is the fluid density, P is the pressure, y is the dynamic viscosity, and T is the temperature.
Additionally, k; is the thermal conductivity and C,; is specific heat capacity, with subscripts
i = f & s representing the coolant fluid and solid respectively. Given the expected turbulence
of the impinging jet flow, use of an adequately accurate turbulence model when applying
the Reynolds-Averaged Navier-Stokes (RANS) approximation is imperative. As detailed

recently in Elliott and Robinson [7], the SST (Shear-Stress Transport) k-w was found to be
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the most appropriate turbulence model for the present problem, which aligns with the
findings from existing literature [30-32].

Since the monitoring software limited the CPU core power measurement to the sum
total across all cores, the heat input boundary condition in the simulations was applied in
the same way, with the total measured power divided equally across all of the cores. For
the verification process, simulations were conducted under two CPU power conditions: the
maximum Turbo thermal design power of 150 W and the maximum overclocking (OC) power
of 210 W, which were determined from the experimental measurements. An environmental
(atmospheric) pressure boundary condition was set at the outlet port, while a set volumetric
flow rate was applied at the inlet port. Additionally, no-slip boundary conditions were
imposed on all fluid regions in contact with solid surfaces. Consistent with the experimental
study, the verification simulations were caried out over a flow rate range of 1 - 7 L/min with
the inlet temperature of 35°C.

From a practical point of view, coldplate heat exchangers will typically be deployed
either in a pumped flow loop or in a scenario where a controlled pressure drop exists, say
between a distribution and collection manifold. Either way, the net flow rate through the
coldplate, and thus its heat transfer performance, will be influenced by its flow resistance.
For the optimisation study performed in this work, the former scenario was selected, such
that the flow rate for a given design was determined by the operating point on a specific
pump curve, chosen here to be the TCS M500 series micropump. To achieve this, the inlet
flow condition was set to the TCS M500 pump curve and the converged flow rate is an
output of the overall iteration routine of the simulation. In this way, each jet array design
configuration results in a unique operating point on the pump curve, and thus unique flow
rate, pressure drop, pumping power and junction temperature, with the latter two being the
main hydraulic and thermal performance indicators used when comparing different designs.
For specific details of the pump and associated pump curve, the reader is directed to Elliott

and Robinson [7].
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Finally, it should be noted that for the baseline case, the jet array area was centred on
the coldplate base opposed to the area enclosed by the cores. However, for the optimisation
study, which will be shown to produce very targeted cooling designs, the jet array was

centred on the area of the cores.

4.3.2. Meshing, Mesh Independence, and Convergence

The CFD simulation model required a mesh of sufficient density to ensure convergence
of the flow simulations while maintaining a balance between accuracy and computational
time, given the large number of design points anticipated for the optimisation study. The
mesh, depicted in Figure 4.7(b), was constructed using polyhedral cells over a base
tetrahedral mesh. The advantage of polyhedral cells lies in their ability to reduce maximum
cell skewness, allowing for better flow alignment with cell faces and minimising interpolation
errors [33].

To capture the boundary layers effectively, particularly in the jet impingement regions
near the solid base, an advanced layer meshing strategy was employed. This approach
generated layers of prismatic cells near boundaries, improving the resolution of the
boundary layer interactions at domain interfaces [34]. The region surrounding the
impingement area maintained a y* value of unity. This localised meshing was performed in
two stages: the first stage covered the channel between the orifice plate and the heat
spreader to ensure accurate resolution of the fluid boundary layers downstream of the jet
impingement; the second, more refined stage focused on the orifice plate region. This
allowed the mesh to accommodate jet diameters from as small as 0.5 mm, the smallest
used in the optimisation study. Enhanced mesh density was also applied to the CPU die
and cores to ensure mesh resolution for capturing of junction temperatures (see Figure
4.7(b)).

A mesh independence study was conducted by progressively increasing the number of
mesh cells to determine the point at which changes in tracked parameters were less than

1% between successive meshes. Table 4.4 gives examples of the influence of mesh count
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on the two most relevant parameters, junction temperature and pressure drop, showing
adequate mesh independence at approximately 3 million cells. For each simulation,
convergence criteria were set to root mean square (RMS) residual levels of 1 x106. As with
the previous investigation covered in Chapter 3, the Grid Convergence Index is included

here, as defined by [35], supporting solution convergence with a consistent decrease across

mesh levels.
Table 4.4: Mesh independence study
Parameter | ] ]| v Vv VI
No. of elements (x10%) 0.51 1.01 1.81 2.48 3.07 3.76
T, diff. (%) - 5.21 5.58 3.81 1.22 0.32
AP diff. (%) - 14.59 7.87 3.32 1.57 -0.55
GCl - - 84.48 7.02 0.14 3.19 x10-"2

4.3.3. Simulation Model Verification

Elliott and Robinson [7] verified the accuracy of a similar CFD simulation model, though
for a simplified case of uniform heat sources with an IHS. This model did not include a CPU
processor with multiple discrete cores, so the main task here is to verify the efficacy of the
present model, which includes the idealised CPU architecture and associated assumptions
so that it can be used with confidence in the ensuing optimisation study. To achieve this, the
experimental apparatus described previously was used to generate a set of experimental
results for the selected CPU configuration to verify the numerical model. Experimental data
was compared with the simulation predictions under two power conditions: Turbo TDP of
total power Qns = 150 W representing a core heat flux of Q”core = 334 W/cm?, and maximum
overclocking power of Qxs = 210 W representing a core heat flux of Q’core = 468 W/cm?2.
Flow rates between 1 - 7 L/min were tested, though for the overclocking scenario, flow rates
below 4 L/min were not possible because they resulted in junction temperatures
approaching the maximum allowable temperature of T max = 100°C, where throttling occurs

to safeguard the CPU.
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Plots illustrating the thermal-hydraulic comparison between the simulation predictions
and experimental results are presented in Figure 4.8. The results show that the simulations
accurately predicted both the magnitude and trends of the junction temperature, T;, (Figure
4.8(a)) and core thermal resistance, Rcoe, and source-to-sink overall heat transfer
coefficient, Ucore, (Figure 4.8(b)), with both increasing flow rates and power. Notably, Figure
4.8(b) shows a non-negligible difference in the experimental Reore and Ucore Values for the
two core heat flux levels, and this too is accurately captured by the simulation model. As will
be discussed later, the small area of the cores results in non-negligible thermal resistance
across the silicon die. Silicon thermal conductivity is also quite sensitive to temperature,
with a temperature coefficient of about 0.42 (W/mK)/K over the range of temperatures
measured here [36]. The increase in Reore and Ucore With applied heat flux is thus primarily a
temperature effect owing to the decrease in the silicon thermal conductivity, which is of the
order of 10% lower at the higher heat flux temperatures. This illustrates an important nuance
of the present work compared with the simplified treatment of the heat loading for
representing semiconductor electronics typically used in the past, including recent work by
the present authors [7].

The CFD simulations predict the experimental thermal data within the associated
experimental uncertainty ranges. Similarly, comparison of the predicted and measured
hydraulic parameters are acceptable, with the pressure drop (Figure 4.8(c)) and pumping
power (Figure 4.8(d)) trends correctly captured, with discrepancies consistently around
10%. This is outside of measurement error, and predominantly due to the slight under sizing
of the orifices and the residual roughness produced during the manufacturing process.
Despite this, the comparison is more than adequate for the purposes here, and the
simulation model is deemed sufficiently accurate for the simulation-driven optimisation

design study.
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Figure 4.8: Comparison between numerical and experimental data for the Intel i5-12600K
CPU with varying coolant flow rate: (a) Junction temperature, (b) core thermal resistance
and source-to-sink overall heat transfer coefficient, (c) pressure drop, and (d) hydraulic
power. All tests were carried out with an inlet coolant temperature of Ti, = 35°C, for heating

loads of Qns = 150W (Turbo, Q”core = 334 W/cm?) and Qns = 210W (OC, Q”core = 468 W/cm?).

4.3.4. Optimisation Workflow

The automated optimisation workflow developed in this study builds upon the
methodology established by Elliott and Robinson [7], modified to accommodate the Intel i5-
12600K CPU architecture. As detailed in Elliott and Robinson [7], the optimisation strategy
integrates three separate commercial software packages operating within a feedback-type

loop, driving each design iteration towards a global optimum. Siemens NX was used as the

178



4.3. Numerical Simulations

CAD modelling platform to generate the variable heat exchanger geometries, specifically
focusing on the orifice plate, which was the primary component undergoing optimisation.
Figure 4.9 illustrates the key geometric design variables used to optimise the heat
exchanger, namely the jet-to-jet spacing ratio (S/D), jet-to-target distance ratio (H/D), total
jet population (N), and jet diameter (D). The range studied for each parameter is given in
Table 4.5. For a given set of design parameters, the geometry was then auto-imported into
STAR-CCM+ for the CFD simulations, and this is facilitated by the CAD-embedded feature
of Siemens NX. Other essential solid components, such as the heat exchanger manifold &
base, CPU die & cores, and the TIM were modelled directly within STAR-CCM+ since they
did not involve variable geometries, thus simplifying the CFD domain setup for successive

design points.

Polymer
Manifold

D = Jet diameter (mm)
H = jet-to-target distance (mm)

N = Total jet population

S = Jet pitch [centre-centre] (mm)

Figure 4.9: Sectioned isometric model geometry, highlighting geometric variables for

optimisation.

The optimisation itself was managed through the Hierarchical Evolutionary Engineering
Design System (HEEDS) software, which interfaced with STAR-CCM+ to import simulation
results and evaluate them against predefined objective functions. For each successive
design point, HEEDS updated the geometry in NX CAD, which was then auto-imported into

STAR-CCM+, triggering the next CFD simulation. This cycle continued until a targeted
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number of feasible design iterations was reached. For this investigation, 175 design
variations was found to be sufficient.

The primary objective of this study was to develop an automated design process
capable of executing Multi-Objective Optimisations (MOO) for a jet array impingement
coldplate heat exchanger. For this study, the optimisation sought to balance two key targets;
the maximising of the cooling intensity while minimising overall hydraulic energy
consumption. To achieve these goals, two objective functions were chosen for the
automated process; the CPU core junction temperature, T;, and the pumping power, P,. The
overarching aim was to minimise both T; and P, to optimise thermal performance and
system efficiency. Within the HEEDS optimisation platform, the SHERPA hybrid adaptive
algorithm was employed to coordinate the optimisation of each design parameter. This
algorithm adapts its approach with each design iteration, allowing the process to efficiently
navigate the design space in search of global optima. By continuously refining its
methodology, SHERPA facilitated the discovery of converged solutions while reducing

computational time and effort.

Table 4.5: Geometric variable ranges for optimisation

Parameter Description Unit Range
S/D Jet spacing ratio - 1.17-6.5
H/D Jet-target ratio - 0.17-5.5
N Jet population - 9-169
D Jet diameter mm 05-1.5
4.4. Results

4.4.1. Optimisation Pareto Plot

Figure 4.10 presents the Pareto Plot associated with the 175 feasible design solutions
simulated across the multi-parameter design space. The vertical and horizontal coordinates
are the pumping power, P,, and the junction temperature, T;, respectively, as they are the

two objective functions considered in this study. The plot reveals a well-defined Pareto
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Front, which delineates between the regions of feasible and non-feasible solutions. As
discussed, the range of pumping power across the design space was determined by the
operating point on the selected pump curve for each design iteration, which varied in
response to the pressure drop characteristics inherent to the jet array configuration at each
design point. Consistent with the study of Elliott and Robinson [7], some clustering is
observed along the Pareto front, and this is indicative of the adaptive capabilities of the
HEEDS MO-SHERPA algorithm. The feasible solution space encompasses a junction
temperature range of 88.67°C to 108.6°C, remembering that the throttling temperature of
the CPU is T;max = 100°C, which is marked in the figure. The hydraulic pumping power
ranged between 0.37 W and 2.33 W, with the later approximately that of the maximum
pumping power of the selected pump, Ppmax=2.34 W [7].

Also marked on the Pareto Plot is the baseline orifice design point which, while close
to the Pareto Front, was not optimised towards either objective, along with the designs
which minimise the junction temperature (SOO optimum, closest to the vertical axis), and
simultaneously minimise both the junction temperature and pumping power (MOO optimum,

closest to the origin). Both the SOO and MOO designs will now be discussed in more detail.
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Figure 4.10: Pareto plot containing all 175 feasible design solutions for an input power

condition of Qns = 210 W (Q’hs = 468 W/cm?) for inlet coolant temperature of Ti, = 35°C.
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4.4.2. Single Objective Optimum Orifice Design

Table 4.6 lists the relevant design parameters and thermal-hydraulic performance data
for the SOO optimal design configuration. This design generates a net core-to-coolant
thermal resistance of Reore = 1.52 K/W which results in an average junction temperature of
T; = 88.6°C for an orifice design with N = 9 jets of D = 1.5 mm diameter, S/D = 2.17 and
H/D = 0.83. The volumetric flow rate is V = 4.9 L/min with a net pressure drop of AP = 26.7
kPa and associated pumping power of P, = 2.18 W, as dictated by the operating point on
the chosen pump curve. Compared with the baseline, the SOO optimum design features
fewer jets of larger diameter which are more concentrated on the projected region that
encloses the array of cores, and results in a 3.5 K drop in average junction temperature with
a 0.9 W increase in pumping power.

This design architecture confirms earlier findings of Elliott and Robinson [7] for
maximum cooling of concentrated heat sources. Despite the presence of a heat spreader,
the SOO design favours fewer larger diameter jets with low inter-jet spacing, such that the
impinging flow is focussed on the heat source zone, as depicted in Figures 4.11(a) and (b).
Elliott et al. [13] provide the reasoning underpinning this concentrated cooling result as
being related to conjugate heat transfer effects, whereby increasing the aggressiveness of
the convective cooling causes the spreading efficiency of the IHS to reduce, which is
antagonistic to the aim of reducing the convective-side thermal resistance. In response, the
optimal design favours concentration of as much available coolant supply to a region
commensurate with that of the heat source. This is demonstrated in this SOO design which,
as depicted in Figures 4.11(a) and (b), produces high velocity (~5 m/s) jets that are arranged
in a focussed array inside the region enclosed by the CPU cores. Additionally, some specific
design features influence the fluid dynamics and associated forced convective cooling
effectiveness. These have been detailed in Elliott and Robinson [7], and for conciseness
only the most relevant features will be overviewed here.

As Figures 4.11(a) and (c) depict, the flow directly above the orifice plate is almost

stagnant and of uniform pressure, which has an equalising effect of the flow across the
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array. Subsequent to accelerating into and through the nozzles, inertia-dominated (Rejet =
10,646) jets are issued into the lower gap region and subsequently impinge on the heated
interior base of the coldplate. Figure 4.4(c) shows that the constriction of the flow into the
nozzles is the dominant pressure drop region, and a high vorticity shear layer is formed
along the interior walls of the nozzles owing to the sharp leading edges (Figure 4.11(d)).
The high jet inertia combined with the low inter-jet spacing of S/D ~ 2 and low jet-to-target

spacing of H/D < 1, create close to ideal perpendicular jet profiles.

Table 4.6: SOO optimum orifice design and thermal hydraulic data

Parameter Value Orifice CAD
S/D 217
H/D 0.83

N 9
D (mm) 1.50
Vet (M/s) 5.14
Rejet 10,646
T, (°C) 88.60
AP (Pa) 26,679
V (L/min) 4.90
Py (W) 2.18
Roore (K/W) 1.52

Ucore (W/m2K) 87,765

As is clear in Figure 4.11(a), the jets are of sufficient inertia and proximity to the target
surface that crossflow effects do not cause significant jet deflection at the impact sites. As
a result, their potential cores remain relatively intact up to the point of impingement with the
surface. This produces a region of high stagnation pressure (Figure 4.11(c)), as well as a
high local convective heat transfer coefficient (Figure 4.11(e)), that extends the approximate
diameter of the jets. Notably, the convective heat transfer coefficient in these stagnation
zone regions achieve magnitude levels in the region of approximately 70,000 - 90,000
W/m2K, and is fairly consistent across all of the jets in the array owing to the similarity in

their fluid dynamics behaviour.
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The stagnation pressure region on the surface directly below the nozzles creates a
horizontal pressure gradient in the lower channel, and this leads to the formation of
horizontal wall jets which flow radially outwards from the stagnation zones. Notably, the
rapid directional change of the wall jets along the surface produces high near-wall vorticity,
indicative of intense fluid mixing. In between neighbouring jets, the inter-jet spacing is small
enough that wall jet collisions occur with sufficient inertia to produce up-washing of the fluid
near the approximate midpoint between adjacent jets. This creates an additional peak of
the convective heat transfer coefficient, revealing increased convective cooling intensity, as
evident in Figure 4.11(e). Overall, Figures 4.11(a) and (e) illustrate that this SOO jet array
design sustains high convective cooling intensity over the approximate region of the cores,
and does so by a combination of high Reynolds number jets with relatively large jet
impingement zones (i.e. large diameter) which are in close proximity to the surface and to
one another. The main penalty is that the hydraulic power is close to the maximum that the
pump can produce, though this must be taken in the context that it is almost 100 times
smaller than the net power to the cores.

Along with the convective heat transfer coefficient, Figure 4.11(e) also plots the
convective heat flux at the solid-fluid interface. Their respective distributions over the full
IHS surface are further visualised in Figures 4.12(a) and 4.12(b), where a clear similarity
between the two is evident. Regions of high convective heat transfer intensity align closely
with those of high convective heat flux over the entire IHS domain, and are predominantly
concentrated over the geometric footprint of the CPU cores. The close correlation of the
convective heat transfer coefficient and convective heat flux, with each being highly
elevated over the region directly above the heat sources, clearly illustrates the targeted
cooling nature of the SOO design. It is however noted that the heat spreading is by no
means negligible, with Figure 4.11(e) and Figure 4.12 showing elevated convective heat
transfer beyond the immediate core footprint. Though convection intensity and heat flux

diminish outside the core region, the area of heat transfer escalates.
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Figure 4.11: Sectioned SOO design cross-section plots through centre row of jets showing
(a) velocity, (b) temperature, with active core locations highlighted, (c) pressure, and (d)
vorticity fields, as well as (e) convective heat transfer coefficient and heat flux profiles with

active core locations highlighted. Qns = 210 W, Q”core = 470 W/cm2, Tin = 35°C.
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Overall, the design aimed at maximising heat transfer performance configures the jet
array to aggressively target the heat-producing core region, with the heat spreading playing
a secondary yet not insignificant role. From the hydraulic perspective, close to the maximum
achievable pumping power is necessary to create the high velocity and highly turbulent jets
to achieve the impressively high local convective heat transfer coefficients over a region
that targets the cores.

An important contribution of this study is the consideration of a full CPU stacked
package, which includes the discrete cores, semiconductor die, TIM layer, IHS, and forced
convection. Compared with simplified scenarios typically considered previously, this is not
as straight-forward a system to analyse in terms of the contribution of each component in
the stack to the overall source-to-sink thermal resistance. Figure 4.13(a) is an attempt to
demonstrate this, showing the CPU package stack with exposed cores and IHS surface
(coloured by heat flux) that sandwich the solid components (coloured by temperature). As
it is shown, the temperature profiles change both axially and laterally throughout the
different solid materials in the stack, and this influences changes in the heat flux between

the sources and the convective surface.
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Figure 4.12: SOO design IHS-fluid interface: (a) convective transfer coefficient, and (b)

convective heat flux distributions with CPU die with active core positions highlighted.
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To get a practical sense of the heat transfer and associated thermal resistance
contribution of each the die, TIM and coldplate heat exchanger (including spreading and
convection), Figure 4.13(b) provides images of the surface temperature distributions on
either side of each of the solid element in the stack. Additionally, Figure 4.13(c) plots the
average temperature progression vertically through the solid and fluid domains above a
single core area, along with the associated average heat flux at each solid-solid and solid-
fluid interface. For reference, the total source-to-sink temperature drop, which is indicative
of the total thermal resistance budget, is ATt = T;-Tin = 53.6 K. Hereafter, ATt will be
referred to as the thermal budget.

Figures 4.13(b) and (c) show that a significant temperature drop occurs across the die,
being in the region of 16 K, which is about 30% of ATt The high contribution of the die to
the overall thermal budget highlights an important take-away from this study.
Notwithstanding the die being thin (t = 0.58 mm) and of reasonably high thermal conductivity
(ksi~ 110 W/mK), the source heat flux at the cores is very high, being in the region of 470
W/cm?. Furthermore, there is limited heat spreading in the die material, as visually apparent
from the surface temperatures in Figure 4.13(b), and noted in Figure 4.13(c) from the
moderate drop in surface heat flux (~20%) between the core and the adjacent region at the
die-TIM interface. Therefore, despite the high thermal conductance of the silicon, which can
be roughly estimated as ksi/t ~ 190,000 W/m?K, the high localised heat flux causes the
temperature drop to be a considerable portion of ATi. The TIM material transfers a similarly
high heat flux with minimal heat spreading, though owing to its low thickness (0.2 mm),
incurs a lower yet not insignificant temperature drop of ~6 K, being in the region of 11% of
ATiwt. The coldplate heat exchanger, which is here considered in its entirety (IHS & fluid
domain), experiences the largest relative temperature drop of ~30 K, which is approximately
58% of AT Different from the die and TIM, the effect of heat spreading is apparent, both
by visual observation of the temperature distribution on the top surface on the IHS (Figure
4.13(b)), and by the reduction of the convective heat flux above the selected core to ~180

W/cm?, plotted in Figure 4.13(c), which is around 60% lower than that of the source
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Figure 4.13: (a) Sectioned 3D contour of SOO solid domain geometry through centre of
CPU core illustrating internal temperature distribution and surface heat fluxes, (b)
temperature profile across contact surfaces of IHS, TIM and CPU die, and (c) line plot
illustrating change in temperature through solid domain in z direction from centre of a CPU
core to the convective surface, with associated heat flux at the contact interfaces between

solid elements.
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4.4.3. Multi-Objective Optimum Orifice Design

Table 4.7 details the relevant design parameters and the thermal-hydraulic
performance of the MOO optimum design, which achieved a core-to-coolant thermal
resistance of Reore = 1.78 KIW, a 17% increase compared to the SOO design. This
resistance corresponds to an average MOO junction temperature of 97.5°C for a jet array
configuration of N = 49 jets, with a diameter D = 1.5 mm, S/D = 2.5, and H/D = 1.5. As is
clear from the image in Table 4.7, the higher population of jets and associated spacing
results in a design that forces coolant over the full area afforded by the orifice plate. The
larger total flow area has the effect of reducing the jet velocity and associated Reynolds
number by just over 70%, which is considerable. However, the lower velocity jets incur a
much lower pressure drop of AP = 4.7 kPa, which shifts the operating point on the pump
curve to a marginally higher volumetric flow rate of V = 7.23 L/min, together yielding a very
low pumping power of P, = 0.56 W. This reflects a nearly 4-fold reduction in pumping power
relative to the SOO optimum, though with a 9 K increase in junction temperature.

As with the SOO optimum, the general features of the MOO design for the discrete heat
sources considered here align with those found by Elliott and Robinson [7]. As seen in
Figure 4.14, comparatively the MOO and SOO jet profiles share some similarities.
Particularly, they both induce high vorticity at the nozzle entry due to sharp flow constriction
(Figure 4.14(c)), with the preponderance of the pressure drop occurring at the nozzle
entrance (Figure 4.14(c)). In both designs, similar flow features such as the wall jet
interaction creating the upwash effects between neighbouring jets are also evident (Figure
4.14(a)). Comparing Figure 4.11(a) with Figure 4.14(a), what is notably different relates to
the lower jet velocities making them susceptible to influences from the flow in the upper
manifold as well as crossflow within the channel. These effects are detailed in Elliott and
Robinson [7], and overall result in some notable deflection of the jet profiles, particularly for
those jets in the peripheral regions of the orifice plate. The lower impingement velocities
and non-ideal jets negatively influence the convective heat transfer, which is depicted in

Figures 4.14(e) and Figure 4.15. The first most notable difference compared with the SOO
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design is the much lower peak convective heat transfer coefficients, now ranging between
20,000 - 42,000 W/m?K, with a clear tendency to diminish as the jet profiles become less
ideal with increased distance from the centre. Secondly, the MOO design provides jet
impingement convective cooling across a much larger area of the IHS. Therefore, despite
the lower intensity of convective heat transfer, the MOO design leverages more of the
available area of the heat spreader to sustain low thermal resistance with the lower velocity
jets. This is clearly demonstrated when comparing Figures 4.11(e) and 4.12, with Figures
4.15(e) and 4.16, with the latter two showing elevated convective heat transfer coefficients
and convective heat fluxes towards the near edge of the heat spreader. Simply put,
minimising the hydraulic penalty fundamentally requires a reduction in the pressure drop,
which is facilitated by a decrease in jet velocity. The knock-on effect is a reduction in the
intensity of convective heat transfer. To compensate, the MOO design incorporates a higher
population of jets to use more of the available heat spreader effective surface area, and

thus sustain an overall low convective-side thermal resistance.

Table 4.7: MOO optimum orifice design and thermal hydraulic data

Parameter Value Orifice CAD
S/D 2.50
H/D 1.50

N 49
D (mm) 1.50
Viet (M/s) 1.39
Rejet 2883
T; (°C) 97.51
AP (Pa) 4755
V (L/min) 7.23
Pp (W) 0.56
Reore (K/W) 1.78

Ucore (W/m2K) 75,052
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Figure 4.14: Sectioned MOO design cross-section plots through centre row of jets showing
(a) velocity, (b) temperature, with active core locations highlighted, (c) pressure, and (d)
vorticity fields, as well as (e) convective heat transfer and heat flux profiles. Qns = 210 W,

Q' core = 470 chmz, Tin=35°C.
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Figure 4.15: MOO IHS-fluid interface (a) convective transfer coefficient, and (b) convective

heat flux distributions with CPU die and active core positions highlighted.

In a similar fashion as outlined for the SOO design case, Figure 4.16 presents the
simplified breakdown of the heat transfer across the full CPU package stack. For reference,
the total source-to-sink temperature drop, which is again indicative of the total thermal
budget, is ATwt = 62.6 K, compared with the 53.6 K for the SOO design.

Focussing on Figure 4.16(c), it is first clear that the overall thermal behaviour of the die
and TIM for the MOO case are nearly identical to that of the SOO case, and this is
unsurprising. However, due to the larger thermal budget, their relative contributions to ATt
decrease by a few percentage points. A slight increase in the temperature drop (~1 K) and
top-side heat flux across the die is noted, and this is due to the aforementioned higher die
temperature causing a slight decrease in thermal conductivity of the silicon and increasing
thermal resistance. The main difference in the MOO design is related to the coldplate.
Comparatively, the temperature drop has increased by 8 K, contributing over 60% of the
already larger thermal budget compared with the SOO design. However, this can be
considered a marginal heat transfer penalty, in the context that the convective heat transfer
intensity has approximately halved, and the pumping power has dropped by a factor of four.

Reiterating, to mitigate the overall decrease in convective cooling intensity, the heat
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spreader area is used more effectively which is clearly represented by the convective heat
flux above the core shown in Figure 4.16(c) dropping to ~120 W/cm?, a 74% reduction
compared to the source and indicative of the fact that the majority of the heat is now

transferred to the fluid in the outer region away from the cores.
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Figure 4.16: (a) Sectioned 3D contour of MOO solid domain geometry through centre of
CPU core Illustrating internal temperature distribution and surface heat fluxes, (b)
temperature profile across contact surfaces of IHS, TIM and CPU die, and (c) line plot
illustrating change in temperature through solid domain in z direction from centre of a CPU
core to the convective surface, with associated heat flux at the contact interfaces between

solid elements.
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4.4.4. Overall Comparison of Optimised Designs

Figure 4.17(a) compares and contrasts the geometric design parameters of the two
optimum jet array heat exchangers. For the range of parameters tested, they both use large
diameter (D = 1.5 mm), closely spaced (S/D < 2.5) jets that are issued close to the target
surface (H/D < 2). These ensure area coverage dominated by stagnation zones for jets that
impinge within their potential core regions. The greatest variation is clearly the jet
population, N, which differentiates between the targeted cooling of the SOO design and the
more global cooling of the lower energy consumption MOO design. Figure 4.17(b)
compares the selected thermal-hydraulic performance outputs for the two optimum orifice
designs, showing the disproportionate difference in the hydraulic pumping power relative to
that of the core junction temperature. Importantly, both designs are capable of maintaining
a junction temperature below the 100°C throttling limit, so the most suitable design choice
depends on the importance of energy consumption in application. This being said, the MOO
design discussed above puts equal weight on the two objective functions, whereas the
Pareto Front shown in Figure 4.10 clearly indicates that optimal design options exist
between the SOO and MOO extremes that can involve different weighting on the objective
functions.

Figure 4.18 illustrates the total thermal budget for the SOO and MOO designs, with an
indicative breakdown of the thermal contribution attributed to each component in the stack
between the heat source and coolant. The thermal budget depicted in the figure is for a
representative single CPU core and should be taken as semi-quantitative, and is presented
to highlight that despite the dominance of the coldplate thermal resistance, the die
resistance is non-negligible, being in the range of 28 - 31% of the total thermal budgets.
Including the TIM resistance of the order of 10% means that a significant portion (~40%) of
the thermal budgets are taken up by non-coldplate heat exchanger components in the stack.
As such, larger percentage improvements in the coldplate thermal resistance have a lower

overall impact on the total core-to-coolant thermal resistance. Notably here, the SOO
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coldplate performs about 20% better than the MOO coldplate, though results in a lower 14%
improvement in the overall thermal budget.

The convective intensity profiles observed for the two optimisation scenarios, depicted
in Figures 4.11(e) and 4.14(e), highlight the successful realisation of the targeted convective
intensity distributions initially outlined in both Chapter 2 of this thesis and Elliott et al. [13].
These results demonstrate two distinct strategies for thermal management optimisation; the
sharply concentrated distribution achieved with the SOO orifice geometry, which proved
highly effective for localised heat transfer, and the broader, less intense distribution
produced by the MOO optimum, utilising an increased jet population and reduced jet
velocities to deliver a more uniform, global cooling approach. These contrasting approaches
underscore the efficacy of the methodologies employed in this investigation and capability
of the developed framework in advancing optimised thermal management solutions tailored

to specific objectives.
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Figure 4.17: Comparison between SOO and MOO optima showing summaries of (a)

geometric design parameter, and (b) thermal-hydraulic performance metrics.
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Figure 4.18: Approximate thermal budgets of MOO and SOO designs including breakdown

into die, TIM and coldplate.

4.4.5. Optimised Experimental Validation

As a final proof-of-concept test of the developed design optimisation methodology, both
optimised heat exchangers were manufactured and tested experimentally using the same
procedure outlined earlier. Since there is a high uncertainty on the core temperature
measurement with the on-die sensors, together with some small variations in the total core
power between tests (Qns = 210.5 W, 0 = 2.3 W), each coldplate was tested 10 times from
a cold start, and the means (T‘j & AP) and standard deviations, o, used for comparison
against the CFD simulations.

The results listed in Table 4.8 demonstrate the efficacy of the automated optimisation
methodology developed in this work, with manufactured and tested optimised heat
exchangers reproducing the thermal and hydraulic performance predicted by the CFD

simulations, within or sufficiently close to 2o from the respective means.
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Table 4.8: Experimental verses CFD data

Study Parameter CED Experimental Absolute

(Mean * 20) Difference
Baseline T (°C) 92.1 93.3+ 1.1 1.2
(6.6 L/min) AP (kPa) 11.1 124 £1.0 1.4
SO0 T; (°C) 88.6 89.7+1.2 1.1
(4.9 L/min) AP (kPa) 26.7 283+1.7 1.6
MOO T; (°C) 97.5 97.7+0.7 0.2
(7.2 L/min) AP (kPa) 4.8 51%0.5 0.4

(@)

Figure 4.19: 3D printed orifice plates for (a) baseline, (b) SOO and (c) MOO designs.

4.5. Conclusions

The primary objective of this study was to develop and test an automated optimisation
methodology for cooling of the cores of commercial CPU packages with liquid jet array type
heat exchangers. To achieve this, a commercial CPU package, the Intel i5-12600K, was
chosen as a demonstrator and a comprehensive optimisation workflow was developed
across three distinct commercial software platforms within Siemens NX. The impact of the
chosen heat exchanger design parameters was assessed by evaluating their influence on
the average core temperature as well as the hydraulic pumping power penalty. Along with
the automated simulation-based optimisation methodology, a key contribution of this study
is the evaluation of the heat transfer associated with a typical commercial CPU stack, which
includes the influence of the cores, die, TIM and coldplate, including conjugate heat transfer

effects. The main conclusions from this investigation are:
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1.

Although seldomly implemented for CPUs, it is established here that carefully
constructed experiments for live tests on commercial CPUs can be used to
adequately verify the efficacy of related CFD simulations, and include details down
to the level of the distributed cores on the CPU die.

Integrating CAD, CFD, and optimisation software packages is a viable approach for
automated geometric optimisation of jet array impingement heat exchangers for
commercial CPU packages, including both single and multi-objective optimisation.
The Single-Objective Optimisation (SOO) design, focused on maximising the
cooling of the CPU cores, resulted in average junction temperatures more than
10 K below the throttling temperature limit under high stress overclocking workload
conditions. This design used a small number of closely spaced high velocity jets to
target the convective cooling to the impinging jets over the projected area of the
CPU cores, whist requiring close to the maximum hydraulic power afforded by the
pump to do so.

The Multi-Objective Optimisation (MOO) design, which sought to maximise the
cooling of the cores whilst simultaneously minimising the hydraulic pumping power
penalty, resulted in 9 K hotter average core temperatures compared with the SOO
design, though with a near 4-fold decrease in required hydraulic power consumption.
Despite the overall decrease in cooling performance, it was still safely below the
throttling temperature for the same overclocking compute workload of this CPU. The
MOO heat exchanger design used a significantly higher population of lower velocity
jets to better leverage the available effective surface area for convective heat
transfer from the Integrated Heat Spreader, thus compensating for the much lower
intensity of convective heat transfer relative to the SOO design.

The net core-to-coolant thermal budget was estimated by considering the
temperature differences across the solid and fluid mediums above a single CPU
core. In doing so, it has been determined that the high heat flux levels associated

with heat transfer from the discrete cores (~470 W/cm?) result in a significant
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temperature drop across the silicon die, to the extent that about 30% of the total
thermal budget is associated with the heat transfer across the die. The implication
is that improvements to the coldplate heat exchanger have a diminished overall

impact on the net core-to-coolant performance.

Although the work here was carried out for the Intel i5-12600K, the developed
optimisation procedure is by no means limited to this specific CPU. Thus, future research
should aim to extend the developed optimisation workflow and test procedure to commercial
CPUs with different die and core configurations. Depending on the CPU architecture and
target power levels, future work may need to investigate incorporating enhancing surface
structures on the coolant-exposed side of the IHS, ostensibly expanding the range of
geometric design parameters compared with the present work. This could include adding
additional objective functions to the MOO strategy, such as minimising temperature
gradients in order to reduce thermal stresses, in particular those brough about by differential

thermal expansion of the solid materials in the stack.
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Chapter 5

Conclusions and Future Work

5.1. Conclusions

This research systematically identified and addressed critical gaps in the knowledge
associated with thermal management solutions for concentrated heat sources, with a
specific focus on advanced CPU package architectures. Through the hypotheses and
research results presented, this thesis provides a new understanding of the interplay
between the heat transfer, hydraulic penalties, and optimisation strategies, culminating in
the development of an automated simulation-based optimisation methodology for liquid jet
impingement heat exchangers. This new simulation workflow demonstrates the capacity to
generate optimal designs for electronics cooling, particularly CPUs. This chapter
consolidates the key conclusions, linking them to the identified gaps in knowledge and
assessing the validity of the proposed hypotheses.

The first identified knowledge gap pertained to the behaviour of heat spreaders in
managing concentrated heat sources, particularly the interplay between heat spreading
efficiency and convective cooling performance. A key question was whether uniform or
distributed cooling strategies are more effective when heat spreading efficiency is limited.
While heat spreading efficiency shares conceptual parallels with fin efficiency, its application
to heat spreaders, particularly when aggressively cooled, has remained largely
underexplored. This research advanced the theoretical understanding of liquid-cooled heat
spreader performance by investigating the impact of non-uniform heat transfer coefficient
distributions on the thermal behaviour of an Integrated Heat Spreader (IHS). Chapter 2
validated the hypothesis that optimising the convective heat transfer coefficient distribution
across the IHS convective surface can enhance thermal performance relative to a uniform
distribution. Using a Genetic Algorithm-based code developed in MATLAB, it was

demonstrated that imposing an optimised Gaussian distribution significantly improved
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performance, reducing maximum temperature and thermal gradients of the concentrated
heat source. Improvements were achieved by aligning the convective cooling intensity with
localised heat flux regions, thereby taking advantage of the lateral heat spreading within the
IHS. These findings highlight the potential of leveraging conjugate heat transfer principles
for improving heat spreader effectiveness.

With it now established that distributed cooling of the IHS, tailored to mitigate localised
heat flux peaks at the source, could outperform uniform cooling strategies, Chapter 3
investigated liquid impinging jet arrays as a practical means to implement this type of cooling
strategy. Specifically, the question to be answered was whether distributed cooling
strategies could be effectively applied to heat exchanger designs for idealised CPU
packages. The hypothesis posited that while hydraulic performance would dictate practical
limits of these solutions, distributed cooling would remain advantageous. Chapter 3 details
a new simulation-based optimisation scheme, verified against experiments, that applied
both single and multi-objective optimisation strategies to idealised, single, centralised heat
sources that were representative of CPU semiconductor dies. These strategies yielded
markedly different design solutions depending on whether hydraulic and/or heat transfer
performance were considered as the objective functions, underscoring the adaptability of
the optimisation framework. Although the findings proved the hypothesis that heat spreader
efficiency and associated conjugate heat transfer effects could be leveraged to improve
liquid cooling of concentrated heat sources, and further emphasised the inherent trade-offs
between cooling intensity and hydraulic penalties, it did so in scenarios which were idealised
in terms of actual commercial CPU packages.

To bridge the gap between ideal and real-world CPU thermal management, Chapter 4
extended the automated simulation-based design methodology to a commercial CPU
package, specifically the Intel i5-12600K CPU. The results confirmed the aforementioned
hypothesis, demonstrating that distributed cooling strategies could be effectively tailored to
a commercial CPU architecture which included discrete heat producing cores on the

underside of the die, achieving high-performance cooling while managing hydraulic
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penalties. The findings confirmed that the insights derived from addressing the earlier gaps
in knowledge could be translated into practical real-world application, provided that
hydraulic considerations were appropriately accounted for. Furthermore, the work
conclusively established the superiority of distributed cooling over uniform cooling when
aggressive convective intensity results in low heat spreader efficiency.

Importantly, Chapter 4 also investigated the influence of CPU die architecture on the
overall source-to-sink heat transfer. It was hypothesised that the principles developed for
the simplified heat source configurations considered in Chapter 3 would remain applicable,
though the overall influence of the discrete and very high heat flux CPU cores was unknown.
The results highlighted that the heat transfer from the high heat flux cores across the CPU
die accounted for approximately 30% of the total core-to-coolant thermal budget, which is
significant. This finding provides new insight and practical understanding related to the
importance of CPU design architecture on the overall thermal management strategy. While
the overarching optimisation principles held, the study revealed unique challenges posed
by the heat flux levels and layout of the CPU cores on the semiconductor die. These findings
emphasise the advantages of tailored heat exchanger designs that take into account the
full CPU stacked package from the cores to the coolant.

The research presented in this thesis addresses critical gaps in the knowledge related
to CPU thermal management, offering both theoretical advancements and practical
contributions. The development of the automated simulation-based optimisation
methodology for liquid impinging jet array heat exchangers as part of the full CPU stacked
package represents a significant advancement, providing a robust, versatile and adaptable
engineering tool for tackling the complex thermal challenges of modern CPUs. Through the
comprehensive consideration of conjugate heat transfer, hydraulic penalties, and
architectural nuances, this work paves the way for the development of high-performance,
energy-efficient cooling solutions tailored to the evolving demands of the electronics

industry.
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5.2. Future Work

This research successfully developed an experimentally verified automated simulation-
based optimisation design methodology tailored for liquid-cooled heat exchangers used in
CPU thermal management. In the context of progressing the work further, additional
geometric parameters that were outside the scope of the present thesis should be explored,
including but not limited to orifice plate thickness, nozzle geometry variations, manifold
configuration, and heat spreader material and dimensions etc. These design features are
well-documented to influence both heat transfer and hydraulic performance significantly,
though the manufacturing and cost implications need to be weighed against any potential
performance improvements. This does, however, highlight the adaptability of the developed
engineering tool, in the sense that expanding the design parameter range is straight forward
and not limited to the selected range of parameters investigated thus far.

Additionally, further experimental and simulation work could seek to explore enhanced
surface structures on the coolant-exposed side of the IHS, again expanding the range of
geometric design parameters compared with the present work. Incorporating surface
texturing, such as fins, dimples, wells, or other structured geometries, could improve the
convective heat transfer by enhanced fluid mixing intensity, additional surface area, or even
smoother Gaussian-type heat transfer profiles centred on regions of higher heat flux, as
identified in Chapter 2. Once again, these surface enhancement features could be
integrated into the multi-objective optimisation strategy in a relatively straight forward
manner, and even include additional objective functions such as minimising temperature
gradients to reduce thermal stresses.

Although the optimisation strategy in Chapter 4 was validated using the Intel i5-12600K
CPU, the workflow is easily adaptable to other CPU architectures. Future work should aim
to expand the optimisation and experimental verification processes to include additional
commercial CPU packages with varying core sizes, configurations, power and heat flux
levels. This would demonstrate the broader applicability of the developed design process

and bring it to the point where it becomes reliable for use as an engineering tool for industry.
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Appendix A

MATLAB Numerical Model Addendum

A.1. Gaussian HTC Function Derivation

The following addendum details the derivation of the numerical function produced for
the Gaussian distribution function as described in Chapter 2, beginning with the base form

of Eq. (2.14),
flx) = IZ (e‘%(%)ﬂ +m (2.14)

The function was constrained by the desired average value of the heat transfer
coefficient across the convective surface of the heat spreader which, for a Gaussian
function, correlates to the area between the Gaussian function and the x-axis. The area

under a Gaussian curve is defined as,

) b
Area = mff(x) d(x) (A.1)

The expression for Z is derived from the function for the average heat transfer
coefficient, hayg, Which corresponds to the area underneath the Gaussian curve. Given the
nature of the distribution of the heat transfer coefficient on the spreader surface, Z is derived
as a 1D case varying only in the x direction. This parameter can then be substituted into Eq.
2.10, which applies it across both x and y directions as a 2D distribution across the full heat
spreader convective surface. Therefore, assuming that a and b are the outer geometric
limits of the heat spreader and are equally displaced from the origin, they can be denoted
by a single variable, r. The final form of Z, as described in Eq. (2.15), can be found via the

following derivation,
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1 T
hayg = m_f f(x) dx
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A.2. Optimisation Code

The optimisation code developed using the Gaussian function detailed in Chapter 2
was constructed as two separate sections. The primary model function, fully outlined in
Figure A.1 below, details the implementation of the Gaussian function as well as model
generation and the relevant objective functions and primary boundary conditions required
for the design problem. There were three possible objective functions for which the problem
could be optimised for; the average temperature across the contact face between source
and spreader, Tayg, the maximum temperature across this face, Tmax, and the maximum
temperature difference Tmax - Tmin. All three of these objectives were defined at the end of
the function, but were only considered active objective functions when called upon in the
first line of the code. In the example given, the Genetic Algorithm is only optimising the heat
transfer coefficient distribution for the average temperature, Tayg, with all three objectives

defined in lines 52 - 54.

function Tavg = HTC_Curve_GA(X)
model=createpde('thermal');
%Function Inputs

d=0.0025;

Lsource=0.013;

Lspreader=0.04;

k=400;

Tinf=293;

Qin=169;

O 00 N O U1 » W N BB

=
(W]

Asource=Lsource*Lsource;

=
=

Aspread=Lspreader*Lspreader;

=
N

%GA Requirements

=
w

Av=35000;
m=x(1);
a=x(2);

[ N Y
o v b

rad=Lspreader/2;

Z=(2*sqrt(2)*rad*(Av-m))/(sqrt(pi)*a*((erf(rad/((sqrt(2))*a)))-...
(erf(-rad/((sqrt(2))*a)))));

19 %Initial Model Set-up and Geometry

(I Y
0 N
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20 geo=multicuboid([Lsource,Lspreader],[Lsource,Lspreader],d);
21 model.Geometry=geo;

22 pdegplot(model, 'FacelLabels', 'on")

23 generateMesh(model, '"Hmax',0.0015);

24 pdemesh(model);

25 %Thermal Properties and Boundary Layers

26 thermalProperties(model, 'ThermalConductivity',k);

27 thermalBC(model, 'Face',1, 'HeatFlux',Qin/Asource);

28 outerCC = @(location,~) ((Z*exp(-...

29 0.5*(((location.x)”2)+((location.y)”2))/(a"2)))+m);
30 thermalBC(model, 'Face',[2,12],"ConvectionCoefficient"”,outercCcC,...
31 "AmbientTemperature",Tinf);

32 %Result

33 result=solve(model);

34 %Information Extraction - IHS Contact Area

35 r=result.Mesh.Nodes;

36 Height=r(3,:);

37 TopFace = find(Height==0);

38 TTF=transpose(TopFace);

39 Contact=r([1,2],TopFace);

40 Templ=result.Temperature(TTF);

41 Templavg=mean(Templ);

42 %Part 2 (Y)

43 Dispy=Contact(2,:);

44 TFY=find(Dispy<=(Lsource/2) & Dispy>=-(Lsource/2));

45 TTFY=transpose(TFY);

46 Temp2=Templ(TTFY,:);

47 %Part 3 (X)

48 Dispx=Contact(1,TFY);

49 HSContactFace=find(Dispx<=(Lsource/2) & Dispx>=-(Lsource/2));
50 THSCF=transpose(HSContactFace);

51 TempContact=Temp2(THSCF,:);

52 Tavg=mean(TempContact);

53 Tmax=max(TempContact);

54 Tdiff=max(TempContact)-min(TempContact);

Figure A.1: MATLAB optimisation model function.
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The second element of code was the Genetic Algorithm, responsible for running the
optimisation of the objective functions and specifying the limits of the two variable

optimisation parameters, a and m. This optimisation code is specified in Figure A.2 below.

ObjFun=@HTC_Curve GA;

nvars=2;

LB=[0 0.001];

UB=[30000 0.01];

options = optimoptions('ga', 'Display’, 'iter',...
'PlotFcn',@gaplotbestf, 'MutationFcn’',...
@mutationadaptfeasible, 'MaxGenerations',1000);

[Xvaal]zga(ObjFunJnvars![]J[]J[])[]JLBJUBJ[])Options);

00 N oo 1 b WN R

Figure A.2: MATLAB genetic algorithm optimisation function.

For this example, hayg = 35,000 W/m?K and m is given in the range of 0 - 30,000 W/m?K.
Upon completion of the optimisation, the matrix ‘X’ can be called, which provides a 1 x 2
matrix detailing the optimum values for m and a respectively for the minimised objective
function(s). In this case, the optimum values were given as x = [4798.1, 4.7x103]. Therefore,
for a 40 x 40 x 2.5 mm? heat spreader with a 13 x 13 mm? heat source contact surface area
and applied heat flux of 100 W/cm?, the optimum heat transfer coefficient distribution

function for minimising average surface temperature can be approximated as,

flx) = ( 2050802104 ) e-%@%%%éﬂ +4798.1 (A.2)
~ |\(erf(3009.0) — erf(—3009.0)) ' '
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Appendix B

Experimental Apparatus Calibration

B.1. Thermocouple Calibration

The following figure presents the calibration curves illustrating the predicted vs
measured data recorded across all seven thermocouples compared to the reference probe
with the associated curve equation. All probes were calibrated against a ASL F100 Precision

Handheld RTD thermometer.
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Figure B.1: Thermocouple calibration plots for (a) top, (b) middle and (c) bottom TTV
thermocouple, thermocouple at (d) inlet and (e) outlet to cold plate heat exchanger, and (f)

inlet and (g) outlet to brazed heat exchanger.
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B.2. Pressure Meter Calibration

A total of four Omega PX26 wet/wet differential pressure meters were used across the
experimental test apparatus, calibrated against a Digitron 2022P differential digital pressure
meter. Three different meters were used across the cold plate heat exchanger on account
of their pressure range capabilities, as the expected variation in orifice plate designs
produced by the optimisation workflow would likely produce a wide range of pressures
across the fluid manifold within the tested range of flow rates. The maximum range of the
three meters placed across the cold plate heat exchanger are as follows; PX26-015DV =
100 kPa, PX26-005DV = 35 kPa, and PX26-001DV = 7 kPa. An additional PX26-015DV
sensor was placed across the brazed heat exchanger as a precautionary measure to
monitor for any flow irregularities. The following calibration plots present the predicted vs

measured data recorded across the pressure meters.
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Figure B.2: Pressure calibration plots for (a) Omega PX26-015graz4, (d) Omega PX26-

015coid piate, (€) Omega PX26-005 and (d) Omega PX26-001 sensors.
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B.3. Flow Meter Check

The Sensata Cynergy3 UF series ultrasonic (US) flow meter has its own stated error
from the manufacturer, though for an extra layer of comfort was checked against a rotameter
(1 - 10 L/min £1.5% FS) between flow rates of 1 - 8 L/min for both ambient temperautre
(20°C) and the inlet temperature required for the optimisation simulations (35°C). The

comparison plots for both inlet temperatures are presented below.

(@) o
c 8
S
:.; 7
@
w ©
'
= 5
o
w 4
@
o 3
£
2 2
o) © Measured
'
1 Predicted
0
0 1 2 3 4 5 <] 7 8 9
Ultrasonic Flow Rate (L/min)
Vrot = 1.0095V s + 0.0821
(b) 9
c 8
S
:.; 7
@
w ©
'
=z 5
o
w 4
ol
o 3
S
2 2
o) ©@ Measured
'
1 Predicted
0

o
-

2 3 4 5 6 7 8 9
Ultrasonic Flow Rate (L/min)

VRot = 0-9911VUS +0.1714

Figure B.3: Flow meter cross-check curvies for (a) 20°C and (b) 35°C fluid temperatures.
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B.4. Calibration Certification

The calibration certification corresponding to the ASL F100 Precision Handheld RTD
thermometer and the Digitron 2022P differential digital pressure meter respectively, utilised

in the calibration of the appropriate experimental apparatus, are presented below.
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=TS

Iyt Tomn peir wtll "» Tawasan

Industrial Temperature Sensors Ltd.

Unit W4.J,Ladystown, Toughers Business Park, Naas, Co. Kildare

Tel: 045-408164 Fax: 045-408165 Web: www.itsirkcom  email: info@itsirl.com

CHA
CHA
CHA
CH A
CHA
CHA
CHA
CHA
CHA
CHA
CHA

CERTIFICATE OF CALIBRATION

Certificate No: C22685T7A1 10F2

Customer: Trinity CnlIeEe Dublin

Instrument: Temperature Meter

Maodel: ASL F104) S/N: 016219/92

Rauﬁe: 0*C + 2000C

Calibration Method: Com parison Temperature Scale: ITS 90

Test Equipment;
(1) DDM 900 Precision Thermometer S/N. 005100200191 Cert No. 2662

{1a) Reference PRT Probe SM.0%AS118 Cert No. 2662
{2) Fluke 9172 Metrology Well 5/N. B12342

{3) Fluke 7380 High Precision Bath S/N. B14480

(4) Lauda UBZ0 High Precision Bath S/N. B0O2001

Reference Measured Error Measurement
Temperature Reading Uncertainty
o aoC a0 K
00014 0.1220 0.1234 0020
2000026 20,0060 0.0034 0020
39,9831 40,0100 0.0269 0.020
509780 GL0270 00490 0020
7995826 50.0370 0.0544 « 0.z
009717 100.0240 00523 0020
1199817 120.0260 0.0443 0,020
1399935 1400270 0.0335 0020
160.9776 1599910 119866 0.020
179.9628 179.9500 -0.0128 0.020
1999648 1999260 -0.0388 0020
TESTED BY: Stephen Ralph DATE: 30/09/2020

The repoeted mepanded uncetaingy s bassd tn a standand uncertinty multiplicd by 2 coversgs factor k=2, providing 2 level of confidence
of approximately 95%. The wcenadnty svaluatics has been carried o in accordancs with mtional standards requitemends. This
certificats is essued in aceordance with the mavional stendands 8 provides raseabillity u‘l'mma:zmml ta recngnized national Inreis, &
ta anits af measurement realised at the natsomal physical laboratooy o ather niaed siasdards |
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ZUTS

Industrial Temperature Sensors Ltd.

Unit W4J,Ladystown, Toughers Business Park, Naas, Co. Kildare
Tel: 045-408164 Fax: 045-408165 Web: www.itsirl.com email: info@itsirl.com

CERTIFICATE OF CALIBRATION

Certificate No: C226857A1 20F2

Customer: Trinity College Dublin

Instrument: Tem perature Meter

Model: ASL F100 S/N: 016219/92
Range: 0°C + 200°C
Calibration Method: Simulation Temperature Scale: [TS 90

(1) DDM 900 Precision Thermometer S/, 005100200191 Cert No. 2662

(la) Reference PRT Probe S/N.0%AS118 Cert No. 2662
(2) Fluke 9172 Metrology Well 5/N. B12342

(3) Fluke 7380 High Precision Bath S/N. B14480

(4) Landa UB20 High Precision Bath S/N. BO2001

Reference Measured Error Measurement
Temperature Reading Uneertainty
e °C b K
CHER 0.0000 0.0430 0.0430 0L020
CHE 20,0000 19.9270 =0,0730 0.020
CHE 40,0000 39,0480 -0.0520 0.020
CHE 60,0000 50,9480 -0.0520 « 0.020
CHE 80,0000 T9.8950 01050 0.020
CHE 10:0.0000 99.8750 01250 0.020
CHE 1200000 119.9100 -0.0900 0.020
CHE 140.0000 139.8700 =0.1300 0.2
CHE 1600 (HHH) 159.9150 L0850 0.020
CHE 1800000 179.8860 =0.1140 0020
CHE 2000 A 199, 7450 -0.2550 0.020
TESTED BY: Stephen Ralph DATE: 30/09/2020

sl Qfpl

‘The repeeted expanded unceriainty is based en a standard wecenningy mahipliad by a coversge Tactor k=2, providieg o level of confidence
of eppraximately 85%. The uncensinty svalustion has bem carriad oot in sccardhnce wish natiosal standands requirements. This
certifleare i5 isssed im accomdance with the nalional standands & pronvides aceahiliyy of meassmement o rezognised nabional siandards, &
I urnls of measmrement realized a1 e nalicesal physcal labeestory ar other recopnised standards [ahoratosias,
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=
IDigitron

part of Ratatherm Group

Calibration Certificate -

2000 Pressure

Form 05
Rev. 2
04/04/2017
Page 1wl 1

Rototherm Group TRINITY COLLEGE DUBLIM
Kenfig Industrial Estate SARA DOHERTY - DEPT MECH ENG,
Margam, Port Talbot, PARSOMNS BUILDING
Registerad 5A13 2PW, United Kingdom Customer |TRINITY COLLEGE
Address: Tel: +44 (0] 1656 740 551 Address:  |PUBLIN
. IRELAND
Registerad in Wales No. 2570730
W wowrw digitron.com
[Date of Issue | 22 April 2021 |Certificate Number 41349
Cus| Is
Company: TRINITY COLLEGE DUBLIN Customer/ Warks Order F12949
Customer PO Number; PC14042 1GByr No.:
Instrument Details
Praduct Code: 2082P7 Description: | - 2000 Seriés Differertial Manomater
Sarial Number: 4605110532 Range: 0-2Bar
P System ACER 0T G4 rdg 40,180 21 gl
Customner I Ne, (If reg'd): M i T e b i A
Condition of UUT: Good.
Trageability
Measurements were taken in these conditions:
Temperature [“C} 215
Atmospheric Pressure (Mbar) (1012

Measurements were taken using listed test equipment in table below:

Test Equipment Description

Test Equipment ID

LIKAS Certificate No.

MENSCOR CPC&0D00 EQ.3299 20461 & N28162 to N28169
g5t Results
Allowable
fiaf mbarybar HLE:FR:’E FASS/FAIL Tolerance
L, rribas/bar .
0.0 0.0 PHSS Fded b
30.0 29.8 Pass | 2.1
130,0 189.7 PASS 23
1000 959 PASS Hd
1950 1949 PASS s
The callbration was conducted in a temperature controlled environment maintained at 21+ 2°Cin an:urdam:e with the apl:llll;abl-e
calibration procedures of Rototherm Grewp using LIKAS certified test equipment |
Tested Ev: H SPAIN Calibration Date 22 April 2021
Signature; W SOATH Pastion Held Calibration Technician
Checked by Competant Parson M .iones
Supervisor, Line Manger, QA, etc.
Templata Mo TF 005 Tamglate Rew 02 Template Rev Date 4/04/2017

Company Praprietary Informatian
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Appendix C

Propagation of Errors Example

In continuation of the uncertainty analysis detailed in Chapter 3, an example is provided
here to illustrate the propagation of uncertainty errors for the derived parameter U, the
overall heat transfer coefficient of the system. The coefficient is calculated using the
relationship U = Q/AAT, for input conditions of 250 W of heater power for a 15 x 15 mm?
heat source at a maximum flow rate of 6 L/min with an inlet temperature of 35°C. The

temperature difference, AT, represents the temperature difference between the junction

temperature, T, and the average fluid temperature, calculated as the mean of inlet (Ti») and
outlet (Tout), temperatures of the cold plate heat exchanger.

To calculate Tj, a Monte Carlo method was employed, using measurements from three
thermocouples embedded in the heated meter bar neck of the Thermal Test Vehicle. The
thermocouples used had a measurement uncertainty of + 0.5°C, with a positional accuracy
of approximately 0.127 mm. The least squares method was applied to extrapolate the
temperature gradient, dT/dx, across the TTV neck height, with uncertainties distributed
across 10,000 data points using a Gaussian normal distribution and a 95% confidence
interval. The resulting average uncertainty in the temperature gradient was approximately
1.11%.

Using the temperature gradient, the junction temperature could be determined via linear
regression by incorporating the vertical displacement between the junction position, x;, and

the top thermocouple position, xiwp, and adding it to the temperature of the top thermocouple
on the TTV, Twp. Therefore, T; = Ty, + %(xj — Xtop) = 97.9 £ 0.6 °C, with the error taking
into account the confidence level and standard deviation of the Monte Carlo dataset for the

temperature difference, with the thermocouple temperature and position uncertainty. The

heat transfer rate, Q, was calculated using the thermal conductivity of OFE copper, k, along
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with the cross-sectional area of the TTV neck, A, and the temperature gradient dT/dx, so
that Q = kA/(dT/dx). For this example, Q = 232.7 + 5.8 W, where the uncertainty primarily
arises from the calculated temperature gradient. The heat source area was determined to

be A =2.25 x10“ + 1.80 x107 m? and the temperature difference AT = 21.5 £ 0.9°C.

As highlighted in Chapter 3, the propagation of errors is dictated by the following

equation,

Unc, = (i [j—f Uncir) (3.8)

Hence, the uncertainty for the overall heat transfer coefficient, U, based on both the
measuring apparatus errors and the standard errors on both Tjand the temperature gradient

found using the Monte Carlo method, can be given as,

ou ¥ [ou 21U 2
Uncy = %Uan + aUTlCA] +[mU"CM]

Uncy1? 'Q Unca1>  [Q Uncar]?
— Q A AT
Uncy = \/( aar| Tl azar ] T Taare ]

[\S}

e — 5.8 ]2 , [23310.8x107) 2 L[ 2331(09) ]2
v = N\ 21523xt0-9] T |21523x10-2| T [21.52(2.3x10-%)
Uncy = 2415.0

Therefore, for this example, the approximate heat transfer coefficient U = 48308.8 + 2415.0

W/m?K, which equates to an uncertainty of approximately 5.0%.
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Appendix D

Additional Numerical Verification

In addition to the STAR-CCM+ verification conducted in Chapter 3, further analysis on
the accuracy of the numerical model was conducted using the Factor of Safety (FoS)
method. Having deemed STAR-CCM+ a suitable software with which to model turbulent
flow behaviour of an impinging jet system, a numerical model was constructed within the
software that was representative of the experimental apparatus, i.e. the full TTV was
modelled with the heated meter bar neck present on the heat spreader as detailed in
Chapter 3. The aim here is two-fold; to verify that the simplified heat source assumption
used in Chapter 3 is appropriate, and to estimate the numerical uncertainty associated with
the CFD simulations. This model, depicted in Figure D.1, was compared directly to the
experimental data for model verification against the three temperature readings taken at
different intervals along the length of the TTV. The coldplate assembly remained
unchanged, using the Nexalus Enflux™ CPU heat exchanger assembly as the base model
with the baseline orifice plate jet configuration, with an inlet flow rate of 6 L/min at 35°C and

a maximum heat source power of 250 W.

Pressure ; . Mass
Outlet T Fluid Domain Elow Inlet
SR 1000 NN —— Imprinted
11 . Contact
-1 mm Interface
TV 15 mm

Thermocouple
Insert Locations

15 mm

Heat Source
. / w/ TIM

Figure D.1: Numerical model of experimental apparatus.
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Verification of the numerical model involved assessing the numerical uncertainties
within the simulations performed. Aside from computational round-off errors, spatial and
temporal discretisation are the primary source of numerical error. Discretisation error can
be estimated using the Richardson Extrapolation in its generalised form [1]. This provides

an approximation of the exact solution for the discretisation error, fexact, Which is stated as,

fexacte =f —96 (D.1)
where,

€21

§ =
nP—1

(D.2)

Here, fis the initial solution, & is the pt" order error coefficient, €21 is the difference between
the medium and fine meshes for the parameter of interest, r: is the arbitrary grid refinement
ratio, which in this instance is the cubic root of 2 as the mesh density approximately doubled
with successive iterations. Additionally, p is the observed order of accuracy, a function of
the natural log of r.. The solution can be said to be validated if the normalised error falls
within the limits established by the Factor of Safety method. This method uses the values
from the Richardson Extrapolation, specifically the error coefficient, to determine the
uncertainty limits within which numerical validation lies [2]. The Factor of Safety method
specifically is used to provide an indication on how far the solution is from asymptotic

convergence. This simulation uncertainty estimate, defined as Unc.rs, is given as;

(FSip' + FSo(1 —p")) x 8] for0 <p' <1

(D.3)
(FSip’' + FS,(p' — 1)) x |8 forp’ = 1

UnC.FS = {

where FSo=2.45, FS1=1.6 and FS, = 14.8. Also, p’ is the ratio of observed order of accuracy
of the mesh grid to the theoretical order of accuracy, defined as p/pw, where the theoretical
order of accuracy pi is 2 for second order schemes. Tables D.1 and D.2 show how for three
successive mesh iterations, varying from a course (C) mesh of 0.99 million cells to a fine
(F) mesh of approximately 4.5 million cells, the numerical model achieves validation of the
experimental data through monotonically converging values that fall within the limits

established by the Factor of Safety method. Validation is achieved when the normalised
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comparison error, E’, is less than the normalised validation uncertainty. The normalised

validation uncertainty Unc.y’ is given by,

Unc., = \JUnc.ps "2 + Unc.pxp "2 (D.4)

where Unc.rs’ is the normalised uncertainty estimate and Unc.exp’ is the normalised
experimental uncertainty. The parameter ry is the grid convergence ratio, defined as €21/ €32.
The Grid Convergence Index is also included, as defined in Chapter 2, with the decreasing

value with increasing mesh density confirming solution convergence.

Table D.1: STAR-CCM+ mesh convergence check
Experiment f1(F) f(M) £(C)

Z (mm) E E’ €21 €32 rg Convergence
(°C) cc) (G (O
0.0 57.2 58.1 59.5 64.1 -0.92 -0.02 1.38 460 0.30 Monotonic
1.1 60.72 62.0 64.3 68.0 -1.30 -0.02 226 3.69 0.61 Monotonic
16.1 106.8 107.9 1094 1130 -1.08 -0.02 197 317 0.62 Monotonic
311 154.0 1156 157.3 160.1 -1.52 -0.03 1.79 276 0.65 Monotonic

Table D.2: STAR-CCM+ validation

, , , , GClI GClI
Z (mm) p o) p unc.rs Unc.rs'  Unc.exe Unc.v (fine) (course)
0.0 5.20 0.59 2.60 16.55 0.29 0.0087 +0.29 0.05 0.54
1.1 213 3.55 1.07 9.51 0.17 0.0087 +0.17 0.84 1.36
16.1 2.06 3.23 1.03 6.74 0.12 0.0087 +0.12 0.78 1.25
31.1 1.87 3.30 0.94 5.46 0.10 0.0087 +0.10 0.84 1.29
References
[1] P. J. Roache, "Quantification of Uncertainty in Computational Fluid Dynamics,"

Annual Review of Fluid Mechanics, vol. 29, no. 1, pp. 123-160, 1997, doi:
10.1146/annurev.fluid.29.1.123.
2] T. Xing and F. Stern, "Factors of Safety for Richardson Extrapolation," Journal of

Fluids Engineering, vol. 132, no. 6, 2010, doi: 10.1115/1.4001771.
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Appendix E

Orifice Nozzle Diameter Uncertainty

The below figure illustrates the normal distribution of nozzle diameters recorded across
the range of jets present on the baseline orifice configuration, as detailed in Chapter 4. For
a total of 25 samples taken, the mean diameter was 0.986 mm, with the smallest recorded
diameter being 0.976 mm. This resulted in a mean error of 14 ym, a 1.4 % deviation

compared to the 1 mm design point, and a dataset standard deviation of 6.71 pm.
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Figure E.1: Normal distribution of jet nozzle diameters across baseline orifice plate.
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